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NOMENCLATURE

Notation

Scalar variablsignal (italic, lower case)

Vector variablgsignal (bold italic, lower case)

Scalar constant, Fourjgaplace-transform, or SISO transfer
function (italic, upper case)

Vector of FouriefLaplace-transforms (bold italic, upper case)
Matrix constant, Fouri¢taplace-transforms, or MIMO trans-
fer function (bold, upper case)

ith element of vectox

ikth entry of matrixX

ith row of matrixX

kth column of matrixX

First derivative ofe with respect to time

Second derivative of with respect to time

Estimate of the signal, or estimate of the dynamic system
Reduced matrix oé

Continuous time signal

Laplace transformed variable, or continuous system
Fourier transformed variable, or value®obt w

Value ofe atd“fTs

Value ofe at f = 2rws

Absolute value ok

RMS value ofe

Complex conjugate (Hermitian) transposesof

Transpose 0é

Inverse ofe



Nomenclature

diag(e) Square matrix with the elements from the vestan its diag-
onal and all other elements equal to zero

Re() Real part ofe

Im(e) Imaginary part o

Indices

o Index over (excited) frequencies

o Index over outputs or characteristic loci (CL)

o Index over inputs or experiments

o Index over polynomial cdécients, identified polgmodes

Abbreviations

BBN Bolt, Beranek and Newman

cl closed loop

CL Characteristic loci

c.o.m. Center of mass

comp Compensated

disc Discrete

CPSD Cross power spectral density

cumPSD Cumulative power spectral density

DFT Discrete Fourier transform

DOF Degree of freedom

e.c. Elastic center

FRF Frequency response function

HF High-pass filter

LF Low-pass filter

LS Least squares

LSCF Least squares complex frequency domain

MIMO Multiple-input multiple-output

ol open loop

PR Pole residue

PSD Power spectral density

red Reduced

RFP Rational fraction polynomial

RMS Root mean square

SISO Single-input single-output

SS State-space



Nomenclature

TEM
uncomp
VC

Transmission electron microscope
Uncompensated
Vibration Curve

Latin symbols

A,B,C,D
As

fr

fref

Fi(s), F(s)
Fa

Fd

Fs

g

G(9), Geyey(9)
hm

H(s), He(9)
HY(s), H(s)
In

j= V1

J

k

Ky

k>

Ka, Ka

State-space model

Amplitude of sine in the multisine signal

Input matrix

Set of complex numbers

Compliance transfer function (i)

Output matrix

Axial damping constant of a leg (IN®)

Suspension damping (NB)

Internal damping (Nsn)

Deformability transfer function (yiN)

Denominator polynomial

Damping matrix (Ngn)

Parasitic damping matrix ()

Frequency (Hz)

Resonance frequency of open loop suspension mode (Hz)
Desired resonance frequency of suspension mode (Hz)
Filter (matrix)

Actuator force (N)

Disturbance force (N)

Measured force signal (N)

Gravity constantg = 9.81 nys?)

Transfer function, transfer function between sigsahnde,
Vertical distance between elastic center and center of mass
Controller transfer function

Diagonal controller transfer function

n x nidentity matrix

Imaginary unit

Jacobian matrix of the least squares problem

Axial stiffness of a leg ()

Suspension dtiness (Nm)

Internal stitness (Mm)

Proportional gain (matrix) (kg)



iv Nomenclature

ks Gain of force feedback controller using two-sensor control (-)

Kp, Kp Parasitic sffness (matrix) (IXm)

ks Wire flexure stitness (kg)

kv, Ky Integral gain (matrix) (N&n)

K Stiffthess matrix (IXm)

L(9), Le(9) Loop gain transfer function

m Number of inputs, outputs, and experiments

m=my +mp Total payload mass (kg)

Mo Floor mass (kg)

my Payload 1 mass (kg)

mp Payload 2 mass (kg)

Mg Coil mass (kg)

M Mass matrix (kg)

n Order of the model for the system identification

Ny Number of delays

N Number of frequencies

n, Pole multiplicity

Nm Number of kept modes for the system identification

n Number of real poles

N Number of samples for each experiment

Np Number of samples for each period

Ni(ws) Numerator polynomial

(0] Orthogonal matrix

pi Identified pole

P Number of periods for each experiment

Pese,(T) (Cross) power spectral density of signejsande,

P Normal modal matrix

q Degree of freedom

Q Mass normalized normal modal matrix

r Distance between the vertical axis of symmetry and the point
where a leg is attached to the payload

le e-axis radius of gyration

R Set of real numbers

R Residue matrix of th&h mode

R Transformation matrix between vector of leg extensigftg
and vector of orthogonal coordinategs

T(9),T(9) Transmissibility transfer function (matrix) (-)

Ty(s) Deformation transmissibility transfer functiory§2)

Tref(S)

Reference transmissibility transfer function (-)



Nomenclature

Ts
-

TU
T

Sample time (s)

Transformation matrix

Input decoupling matrix

Output decoupling matrix

Input (excitation) signal

Noise signal

Strain energy

Frequency dependent weighting function
Internal deformation (m)

Multisine signal

Displacement of madgs= 0,1, 2 (m)
Orthogonal coordinates = (X, Y, Z 6xby, HZ)T
Output (response) signal

Static sagging due to gravity

Modal coordinate

Greek symbols

€ref

i

g

gmax

n

&

gref

Ai(9), Ai(ws)
A(9), Awr)
Pe

o

ali

o

@(s), ®(wr)

Factor

Angle between the three leg pairs and fhaxis ( = 1,2, 3)
Ith real-valued ca@cient of denominator polynomidd;(ws)
Factor

Angle between axial direction of a leg and horizontal plane
Ith real-valued caicient of nominator polynomia; (ws)
Desired lower transmissibility limit (-)

Damping ratio of second-order LF in controller (-)
Damping ratio of second-order HF in controller (-)
Maximum achievable damping ratio of internal mode (-)
Damping ratio of closed loop suspension mode (-)
Damping ratio of open loop suspension mode (-)
Desired damping ratio of suspension mode (-)
Complex-valued eigenvalue

Complex-valued eigenvalue matrix

Lengthe normalized withr (-)

Standard deviation of

ith singular value of mode

Random phase of sine in multisine signal
Complex-valued modal matrix



Vi Nomenclature
W, Wf Angular frequency (rgd)

wi Resonance frequency (rall

wWa Anti-resonance frequency due to parasitiéfséss (rat)

WaFs Anti-resonance frequency in force path (fsd

Was, Anti-resonance frequency in acceleration path/&ad

wi Corner frequency of second-order LF in controller {s3d

w Corner frequency of second-order HF in controller (sad

wn Resonance frequency of closed loop suspension mods)rad
wp Corner frequency of LF and HF filters for sensor fusion

wq Corner frequency of additional HF filter for sensor fusion
wr Resonance frequency of open loop suspension modgs)rad
Wref Desired resonance frequency of suspension modgsjrad

Ws = (,l)nfTs/ﬂ

Qi(wr)

Scaling factor

High-frequency zero (rad)

Polynomial basis function

Eigenvalue matrixX2 = diagws1, . . ., wm)
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hapter

| NTRODUCTION

This chapter constitutes a general introduction to disturbance rejectionan pr
cision equipment. To guarantee the equipment’s performance, distteban
have to be dealt with in an adequate way. Vibration isolators aim at reducing
the gfects of disturbances due to (floor) vibrations. This thesis describes the
development of a so-called active hard mount vibration isolator. In thég€h

ter, the research objective is discussed and an outline of the thesis is given.

1.1 Background

The continuous demand for higher accuracy and throughput is one ofdbt
important challenges in the design of precision equipment. Examples of such
equipment are wafer stepper lithography machir2&}, [atomic force micro-
scopes4?], particle colliders 1.3], and space telescopekd47]. To guarantee
the equipment’s performance, the relative position of various components in
side the equipment must be maintained to nanometer levels and internal defor-
mations must be minimized. Even in controlled environments, the equipment
is susceptible to environmental disturbances such as mechanical loaglthe
loads, electromagnetic radiation, humidity and contaminations. For example,
mechanical loads result in vibrations of the equipment and therefore in inter
nal deformations of the equipment, leading to a lower performance. Next to a
robust equipment design, dedicated disturbance rejection systems mpy be a
plied to avoid or sfficiently reduce disturbances. Commonly used systems are
vibration isolators, soundproof enclosures, servo-controlled powitjosys-
tems, and coolings systems. The focus of this thesis is on the development of
a vibration isolator to reject disturbances due to mechanical loads.

In many industrial applications, the mechanical loads are due to floor vi-
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brations that are entering the equipment by means of the mounts that suspend
the equipment, see Fig.L Therefore, typical industrial vibration isolation
systems focus on reducing th&exts of floor vibrations40]. These solu-
tions can be considered as mechanical low-pass filters for the transnagsion
floor vibrations. Isolation is obtained abow® times the system’s suspension
frequency, which is calculated as the square root of the suspengioesdi
divided by the mass of the suspended equipment. Using a mount with low-
stiffness springs (so-called soft mounts) results in low suspension freigaen
(typically 0.5-2 Hz) and therefore in a low transmission of floor vibrations.
An active control system is often added to artificially increase the damping of
the suspension modes.

However, the low suspensionfétiess introduces problems with leveling of
the equipment and it increases its susceptibility to forces acting directly on it.
These forces are due to for example acoustic excitation. Both problems can
be circumvented by using mounts with highfitess springs (so-called hard
mounts). Due to the higher ftiess, the suspension frequencies will be higher
(typically 5-20 Hz). Therefore, the transmission of floor vibrations wilbals
increase. An active control system is required to improve the respamstod
floor vibrations B,41]. Hence, the name active hard mounts.

In general, internal modes of the equipment are poorly damped. Excitation
of these modes result in large internal deformations, leading to a lowerperf
mance of the the equipment. Therefore, it is desired to use the activelcontro
system to increase the damping of these modes as well.

1.2 Research objective

Although (active hard mount) vibration isolators that are able to simultane-
ously provide isolation from both floor vibrations and direct disturbanoesis

are not widely used yet, some examples can be found, 2b[41]. However,

none of these vibration isolators can be used to increase the damping of in-
ternal modes of the suspended equipment. Based on these facts, Hrelrese
objective of this thesis is formulated as:

The development of an active hard mount vibration isolator for
precision equipment that combines a high suspensignesis with
adequate isolation of both floor vibrations and direct disturbance
forces as well as with gficient damping of the suspension modes
and internal modes of the suspended equipment.
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equipment
mount

Fig. 1.1: lllustration of internal deformations in a precision equipment due to diahabs,
leading to a lower performance of the equipment. The disturbancesemteamical loads due to
floor vibrations and forces acting directly on the equipment..

This work is a continuation of research done by Van der Poel in 2890 [
The main contributions of his work are a set of guidelines for the mechanical
design of an active hard mount vibration isolator as well as for the chdice o
sensors and actuators. Moreover, he has developed a controysthaiged

on a combination of feedback and feedforward control using accetess.

He has validated this control strategy on an experimental setup of a @e-ax
active hard mount vibration isolation systems. However, the control syrafeg
Van der Poel requires a very high computational capacity, even foe-aris
vibration isolator. Therefore, it has been decided to not continue thisaton
strategy. Instead, several novel control strategies have beeedleri

1.3 Contributions

Active hard mount vibration isolation has already been covered in the thfesis
Van der Poel$9]. In addition to this work, several contributions are made in
this thesis. These can be summarized as follows:

e Two novel control strategies have been derived that are basedan-a c
bination of acceleration and force feedback. The combination of these
types of feedback allows to improve the response due to floor vibrations
and direct disturbance forces as well as to damp the internal modes.

e These control strategies are validated on an experimental setup of a one-
axis active hard mount vibration isolator similar to the one useé&% [

e A demonstrator setup of a six-axes active hard mount vibration isolator
is developed. Itis used to verify the developed control strategies. Islode
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of the vibration isolator describing its dynamics have been derived as
well.

e A novel method is presented for obtaining an identification model de-
scribing the dynamics of the demonstrator setup. The identification
model can also be used to derive a modal controller.

e A modal controller is derived for the six-axes active hard mount vibra-
tion isolator and it is validated on the developed demonstrator setup.

1.4 Outline

In chapter2 a background on vibration isolation in precision equipment is
given. Several performance measures are defined and threenpenfie ob-
jectives of active hard mount vibration isolators are formulated. In ch&pte
several control strategies for active hard mount vibration isolators witlds

rived that are based on acceleration feedback, force feedbaokowmnbination

of both. For each of these control strategies it is shown which of the three
performance objectives can be realized. In chagtie results are presented
that are obtained with the real-time implementation of these control strategies
on an experimental setup of a one-axis active hard mount vibration isdiator
chapter5 the design of a demonstrator setup of a six-axes active hard mount
vibration isolator is presented. It is used to verify the developed contates

gies. Models of the vibration isolator describing its dynamics will be derived
as well. In chapte6 a novel method for the system identification of the de-
veloped demonstrator setup is presented that is used to validate the models of
chapteb. The obtained identification model can also be used to derive a modal
controller. In chapter a modal controller is designed for the six-axes active
hard mount vibration isolator. It is shown how this modal controller can be
used to extend the control strategies of chaBtipm the one-axis vibration
isolator to the six-axes vibration isolator. In chaptehe applicability of the
modal controller is demonstrated by performing closed loop experiments on
the developed demonstrator. In chag¢ne conclusions of the various results
presented in this thesis are summarized. Moreover, some recommendations fo
further research are given.
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VIBRATION ISOLATION

This chapter presents a background on vibration isolation in precisiofipequ
ment. First, the characteristics of the various disturbance sources aoting
the precision equipment are described. Next, the modeling of the vibiation
lator and the used performance measures are presented. Also, thoippem

of passive and active vibration isolation are explained. The chapter cdeslu
with the design and performance objectives of active hard mount vibration
isolators.

2.1 Disturbances

In this thesis the focus is on disturbances due to mechanical loads. Tveo way
how these disturbances enter the equipment can be distinguished. This s illus
trated in Fig.1.1 Direct disturbances are forces acting directly on the equip-
ment, causing vibrationsndirect disturbances are forces acting on the equip-
ment’s support structure (often the floor) entering the equipment indiregtly
means of the mounts that suspend the equipment. Indirect disturbances are
often referred to afloor vibrations In the following subsections, the charac-
teristics of the direct and indirect disturbances are given.

2.1.1 Direct disturbances

Direct disturbance sources are application specific but may includetioea
forces on the equipment due to stage motion, forces transmitted through data
and power cables, forces transmitted by cooling water systems, andiacous
excitation, see als®p] and the references therein. The disturbance forces are
expected to be random of nature except for the reaction forces duage s
motion. Their levels are also application specific. In active vibration isolators
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(a) VC-Ato VC-G and NIST-A curves. (b) Power spectral density.

Fig. 2.1: (a) VC-Ato VC-G and NIST-A curves expressed in RMS velocity units onexthird
octave frequency band. (b) Power spectral densities (PSDs) ofGh€ 16 VC-E and NIST-A
curves in acceleration units together with an actual PSD of measuredittoations.

the noise generated by active components (actuators, sensors arairthkeir
fiers) leads to random actuator forces. Hence, the active comporamtsdc
be considered as direct disturbance sources as well.

2.1.2 Indirect disturbances

Indirect disturbances are caused by ground vibrations due to seistivityac
and trdfic, and disturbance sources inside the building in which the equip-
ment is located (other machinery and human activity). The dynamics of the
building in which the equipment is located, determines how the floor vibra-
tions are observed at the equipment’s mounts. Although the actual level of
floor vibrations may vary over time andffr from site to site, measurements
at many sites have revealed that most floor vibration spectra can bexappro
mated by a flat spectrum when expressed as root mean square (RivkSiyve
on a one-third octave frequency band from 1 to 80 Hz or from 4 to 80 Hz.
Such a flat spectrum is also known as a Vibration Criterion (VC) curveotir B
Beranek and Newman (BBN) curvéd]. Several curves are specified suited
for different environments, ranging from VC-A to VC-G, see Ed(a). The
VC-E curve (3.1um/s RMS per one-third octave in-between 1 and 80 Hz) is
the quietest environment used for designing fabs, and it is suited for thk mo
sensitive equipment. The VC-F and VC-G curves are only recommended fo
evaluation P]. For use with nanotechnology, also the NIST-A curve (25 nm
RMS per one-third octave in-between 1 and 20 Hz, VC-E in-between @0 an
100 Hz) is defined.

In this thesis, floor vibrations are evaluated using power spectral density
(PSD) functions. Since floor vibrations are of a stochastic nature, thandC
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m 4 X2
F T F T gk LJ|:1d equi
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m | 4 X1 my 4 X1
klLld, ékﬂ‘r‘ o } mount
Xo 0 X" floor
(a) Rigid body model. (b) Flexible body model.

Fig. 2.2: Models of a passive vibration isolator in which the equipment is repredéyte(a)
arigid body; (b) a flexible body.

NIST curves can be converted to PSDs. The PSDs can also be usedliatev
the vibration isolator's performance, see sect2oh For later use, the PSDs
are expressed in acceleration units. Fd(b) shows some of the curves to-
gether with a PSD of floor vibrations (in vertical direction) measured at the
laboratory of Mechanical Automation and Mechatronics of the Univerdity o
Twente, Enschede. The measurement approximates the NIST-A curve in th
frequency range in-between 3 and 100 Hz. It is expected that belazy Sar-

sor noise dominates over the actual floor vibration 1e%6].[ Above 100 Hz,

the acceleration level tends to decrease rapidly with increasing freguemne

total RMS value in-between 0 and 1 kHz of the measured floor vibrations is
1.7 mms? (0.17 mg). The same trends as in this measurement are also ob-
served in the measurements published4i@ 9, 61], although with slightly
higher acceleration levels. 1@§] it is reported that at many sites horizontal
and vertical vibration levels are alike, while rotational floor vibrations are in
general small compared to translation.

2.2 Modeling and performance measures

In this section two basic models of a one-axis vibration isolator are introduced
These models are shown in F2 Both models use lumped masses, linear
springs and viscous dampers to describe the dynamics of the equipment and
the mount. The precision equipment is modeled as a rigid payload body with
massm (in Fig. 2.2(a)) or as a flexible payload body (in Fig.2(b)). The
flexible payload body consists of two bodies with massand n, (where

my + My = m) that are interconnected by sprikg and damped,, allowing
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an internal deformation. The suspensiommuntthat connects the equipment
to the floor is modeled as a parallel connection of spkn@nd damped;.

In both models, it is assumed that the floor motigris an independent input
disturbance. This means that forces generated by the equipment’'s mounts d
not influence floor motiorxg. This assumption is valid if the mass of the floor
is much larger than the total mass of the equipment. A disturbanceFfgrise
included to represent the direct disturbance force acting on the equipmen
the model of Fig2.2(b), F4 is only acting on bodyny. In [59] it is shown that a
force Fq4 acting on bodym, has similar €ects. The model of Fig2.2(a) is just

a simplification of the model of Fig2.2(b), in which springk, is considered
infinitely stiff. With the simplified model it is easier to analyze the vibration
isolator’'s performance when expressed in formulas.

The performance of the precision equipment is usually expressed in terms
of an RMS value of the position errds,[61]. This (dynamic) position error is
due to the finite sfiness of spring in Fig. 2.2(b) and results in an internal
deformationAx = X, — x; when a force is transmitted. In many applications
the internal deformation cannot be measured directly. Instead, the rti®ie
X> of body nmp which can be measured more easily, is used as a performance
measure. These measures are related as follows. For frequenciestielo
resonance frequency of the internal mode, fdfceransmitted by sprindg
is calculated a$ = mpX,. If the influence ofd, is neglected, the internal
deformation is given byAx = F/ky. So, the expression fdrx becomes

Ax= 2y 2.1)
k2
By Eq. (2.1) it is observed that the RMS value of the internal deformation is
proportional to the RMS value of,.” For frequencies below the resonance
frequency of the internal mode, the acceleration of bodiegand m, is the
same:x; = ¥o. Thereforexj can be used as a performance measure as well.
It can be stated that the ultimate performance measure of the vibration isola-

tor is the RMS value of the acceleration of the equipment, either X, [61].
The RMS valuéXi|rms Of X; in-between frequenciefg andf; is calculated as

f2

[Xilrms = ff Psis (¢)de (2.2)
1

where Py 5 (f) refers to the single-sided PSD ®f. The RMS value of the

equipment’s acceleration is due to the contributions of the various distiebanc

sources. Given the PSBy,w,(f) of the disturbances; and assuming that the
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disturbances are uncorrelatéd,s (f) is calculated as

Py (F) = > ITFij(1)PPuw, () (2.3)

J

whereT Fjj(f) is the transfer function from disturbaneg to %. The distur-
bances are the floor vibrations, direct disturbance forces, and the ocon-
tributions of the active components. Four performance transfer fursctiom
defined: transmissibility T(s), compliance ¢s), deformation transmissibility
Tq4(s), anddeformability Xs):

T(9 = izg C(9 = ﬁlg (2.4)
d
_ AX(s) _AX()
Ta(s) = )"(o(S) ) D(s) = ?(S)’ (2.5)

wheres = jw is the Laplace variable with = 27 f. These transfer functions
describe the equipment’s acceleration respotgés) and internal deforma-
tion responseaX(s) due to floor acceleratioXy(s) and direct disturbance
force F4(s). HereX(s) is the Laplace transform of."Eq. 2.1) is used to re-

late AX(S) to X2(s). The compliance is the equipment’s displacement response
X1(s) due to direct disturbance forég(s).

The ultimate performance of the vibration isolator depends on the level of
the disturbances as well as the isolation performance of the isolator itself,
which is determined by the four transfer functions. Therefore, thess-tra
fer functions are used to assess the isolator's performance usingfére ol
control strategies that are proposed in the next chapters.

2.3 Passive vibration isolation

A vibration isolator providepassive isolatiorif the mounts that suspends the
equipment consist only of mechanical components. Passive electriopbeo
nents, such as@L circuit in combination with an electromagnetic transducer
(voice coil actuator), may be included as well, but these are omitted in this
thesis. The reader is referred #b] for an example of such an isolatdkctive
isolationis provided if also active components, in fact actuators, sensors and
a controller are incorporated in the mounts. The sensors and actuaoiere
conditioning and power electronics respectively, which contain actiwarele

cal components, hence the hame active isolation. Active vibration isolation is
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discussed in the next sections, the mechanical design parametersdivepas
vibration isolation, in particulak, andd;, are examined in this section.
Consider the rigid body model of Fig.2(a). The equation of motion is

(M + dis+ ki) Xa(s) = (ky + d18)Xo(s) + Fy(9). (2.6)
The transmissibility and compliance can be calculated with Ed) &s
ki +dis
T(9) = ———— 2.7
(S) m§+d1$+ kl’ ( )
C(9) = L (2.8)

ms + dis+ kl'

Usingk:/m = w? andd;/m = 2wy Egs. €.7) and @.8) can be rewritten as

)
T(9 = it eas 2.9)
Sz + 2{r(i)rS+ Wy
2
C(s) = @r 1 (2.10)

P+ 2LwiS+ wi ke

From Eqg. @.7) it is observed that the vibration isolator can be interpreted as
a mechanical low-pass filter for floor vibrations with corner frequefcy
2rwy = 2mVky/mwhich is the resonance frequency of the vibration isolator.
Given a certain mass) for the equipment, resonance frequerfgyalso re-
ferred to as theuspension frequendsg determined by suspensionfBiessk;.
Vibration isolators with a low suspension frequency are also referresisofa
mounts In a similar wayhard mountgefer to vibration isolators with a high
suspension frequency. The division, somewhat arbitrary, is ctesses: 5 Hz
similar as in p9]. The magnitude responses Bfs) andC(s) are plotted in
Fig. 2.3(a) and (b) for various values ¢f. It is observed in Fig2.3(a) that the
isolator attenuates floor vibrations abofe= V2f;, since all magnitudes are
smaller than 1 above that frequency. A low transmissibility is obtained for a
low value of suspension fiinessk;. It is also visible that with a larger value
of damping ratiaZ; the amplification at resonance is lower at the cost of less
attenuation at high frequencies. Rpr= 0, the high-frequency behavior of
Eqg. 2.9) approaches /&%, which means a roll4 rate of—40 dB/decade. For

& # 0, the high-frequency behavior of EQ.9) approaches /i, which means

a roll-off rate of only—20 dB/decade. This is caused by the tertis and
2/rwrsin the numerators of Eqs2(7) and @.9). Hence, for a passive vibration
isolator, the choice of the dampdy is a trade-ff between amplification at
resonance and high-frequency attenuation.
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Fig. 2.3: Transmissibility (a) and compliance (b) of a one-axis passive vibratmatir for
various values of the damping ratip

Eg. 2.8 shows that the compliance can be interpreted as a second-order
low-pass filter scaled with the inverse of the suspensidfnesisk;, see also
Fig. 2.3(b). A low compliance is obtained for a high valuelaf Hence, the
choice fork; depends on the expected relative importance of floor vibrations
versus direct disturbance forces. In most applications floor vibratiomshe
dominant sources of disturbances, so a low valule @ preferred. However,
a low suspension stness has some disadvantages including a longer settling
time after direct disturbances (the settling transient is determined by the fre-
guency and damping ratio of the suspension mode) and leveling problems due
to gravity. The sagging due to gravity is calculated as

= m—g = g
ki (2nf)2

(2.11)

For a suspension frequency §f= 1 Hz, Azis as large as 0.25 m(!). Hence,
vibration isolators with such a low fliness require additional leveling systems
to compensate for this deflection.

The dfect of increasing damping ratiy (by increasingd;) is a reduced
amplification at resonance withoutecting the compliance, see FR3(b).

Parameterk; andd; have a similar ffect onT4(s) andD(s) as onT(s) and
C(s) respectively p9]. The dfects of parametensy, mp, kp, andd, on the
four transfer functions are not discussed in this thesis since thesmqiara
have to do with the design of the equipment rather than with the design of
the vibration isolator. The interested reader can read more aboufdotseof
these parameters on the isolator’s performancé&%h [

The trade-ffs that have to be made for the suspensiofingssk; and
damperd; in passive vibration isolators pave the way for the need of active
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vibration isolators. Moreover, active vibration isolators can be usedduip-
ment with a high center of mass thatffas from unstable tilt modes due to
a low suspension dthess. Active vibration isolation is then used to stabilize
these modes, se(] for an example.

2.4 Active soft mount vibration isolation

A rigid body model of a one-axis active soft mount vibration isolator is show
in Fig. 2.4(a). The viscous damper which is present in the model of the pas-
sive vibration isolator of Fig2.2(a) is omitted. Instead, a force actuakgyis
present. The isolator can be equipped with several types of senmoesain-
ple an accelerometes 0n payload bodyn or a force sensdfs in the mount.
Other types of sensors can be used as well, s8dd¢r an overview. In addi-
tion to a low-stifness springx; an additional springs, is included. This spring
represents a parasiticfétiess path due to cables, etc. ParasitfErsss is also
present in multi-axes vibration isolators with non-ideal mounts. This will be
discussed in chaptéx

Two of the most widely used control strategies for active vibration isolators
are integral acceleration feedback and integral force feedbaeK24e [45],
and the references therein. Both strategies can be used to providedastip-
ing. As an example integral acceleration feedback is illustrated. If theicontr
bution of the parasitic dtinessk, is neglected, the equation of motion is given
by

(M + ky)X1(3) = ki Xo(s) + Fy(s) + Fa(s). (2.12)

The feedback control law is then defined by
Ky -
Fa(s) = —EVX1(S), (2.13)

where—ky/sis the feedback controller. Substituting E.13 into Eq. .12
results in

T(s) = mErksik (2.14)
C(s) = 1 (2.15)

ms + kyS+ kg~

for the closed loop transmissibility and compliance respectively. With this
strategy an inertial damping force is provided that is proportional to the-abs
lute velocity of the equipment. Since integral feedback ga@ppears only in
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(a) Active vibration isolator. (b) Active vibration isolator with reference mass.

Fig. 2.4: Rigid body models of: (a) an active vibration isolator; (b) an active vibraisolator
with a separate reference mass

the denominator of Eq2(14) and not in the numerator, the suspension mode
can be damped withouffecting the attenuation at high frequencies. This way
of damping is usually referred to aky-hookdamping, since it can be inter-
preted as a virtual damper that is not placed between the equipment and floo
but between the equipment and some inertial reference (the “sk§}’) [nte-

gral force feedback results in the same transmissibility and compliance for the
model of Fig.2.4(a) if it is assumed that, = 0 [45,46].

With active damping the performance of soft mount vibration isolators can
be improved regarding the transmissibility, such that at high frequencads a r
off rate of —40 dB/decade is obtained, while the amplification at resonance
is lowered. However, the compliance is not improved, compare Zfj5)(to
Eqg. (2.8). This means that additional leveling systems are still required. Active
hard mount vibration isolators, which are presented in the next sectiofipaim
targeting both a low transmissibility and a low compliance without requiring
an additional leveling system.

In the past decade, two alternative concept$§] for active soft mount
vibration isolation have been introduced that are able to simultaneously real-
ize a low transmissibility and a low compliance. Both make use of a separate
reference body with mass. and a displacement sensor that measures the rel-
ative position between payload bodyand reference bodyy. If body my is
mounted on the floor with a low-$thess sprind; as in Fig.2.4(b), bodym
is isolated from floor vibrations for frequencies above@ times 2 vk /my.

An active control system is then used to keep the position of payload imody
constant with respect to reference bady So, bodym s isolated from floor
vibrations for frequencies abov&? times Z vk, /my as well. Hence, a low
transmissibility is obtained.

Since the reference body is not exposed to direct disturbance fibiatesre
acting on payload bodw, the control system counteracts these forces, so a low
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compliance can be obtained at the same time. Z#(b) shows the concept
of the Philips AIMS as described ir6§]. If the reference body is mounted
on payload bodyn instead of on the floor, the concept of the MEGANO
Hummingbird as described ib]is obtained. Unfortunately, it has appeared
to be very dificult to obtain a low suspension frequency for reference lmdy
Therefore, it has been decided not to use one of these concepts fdbtation
isolator that is developed in this thesis. Instead, active hard mounts ake use

2.5 Active hard mount vibration isolation

The rigid body model of an active hard mount vibration isolag#[L, 59 is
the same as for the active soft mount vibration isolator in Big(a) except
springky is much stifer. As a result the compliance is lower, see EJ10),
and the sagging due to gravity is less, see Bd.), such that additional lev-
eling systems are no longer required. However, the suspension figguwél
be higher, resulting in a higher transmissibility. Hence, the feedback dientro
for the active hard mount vibration isolator does not only has to providgeda
ing to the suspension mode but also has to lower the transmissibility. If the
resonance frequency of the internal mode is relatively low and this mode is
poorly damped, it is desired that the feedback controller provides damping
the internal mode as well. This is for example important in electron micro-
scopes in which a poorly damped internal mode can be excited by acoustics
(talking people, etc.).

So, the performance objectives for the active hard mount vibration isolato
can be formulated as:

1. Lowering the transmissibility of floor vibrations to make it comparable
to that of an ideal active soft mount vibration isolator.

2. Increasing the damping ratios of the internal modes.

3. Providing a stt suspension to reduce the equipment’s sensitivity for
direct disturbances.

The transmissibility of the ideal active soft mount vibration isolator is cho-
sen to be characterized by a suspension frequency of 1 Hz, a danagpimg r
of 70%, a roll-df rate of —40 dB/decade at frequencies above the suspen-
sion frequency, and a lower transmissibility limit of 263 ~ -52 dB at
best. These values are based on high-end industrial soft mount vibisaio
lators which have suspension frequencies of 0.5-2 Hz, fbHates of at least
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—30 dB/decade and at high frequencies, lower transmissibility limit ranging
from —35 to —-60 dB at best, see for example the websites of Halcyonics,
Minus-K, and TMC [L8,39,52]. The corresponding tranmssibility can be ex-

pressed as
2
Wret
Tref(S) = 5~ Erefs (2.16)
$? + 2LrefwrefS + Wi

wherewret = 21 fret With fref = 1 Hz, Zref = 0.7, andeer = 2.5- 1073, The
damping ratio of the internal modes is desired to be as high as possible, but a
value of at least 10% is aimed for. ThefBiess of the suspension should be
such that the active vibration isolator can be characterized as an aatide h
mount vibration isolator, which means that the suspension frequency asét le
5 Hz, see sectio.3. This means that the fithess of the hard mount has to be
more than 25 larger as compared to a soft mount with a suspension fogquen
of 1 Hz.

In the next chapter several feedback control strategies for thexiseac-
tive hard mount vibration isolator are presented. These control stratagge
based on acceleration feedback, force feedback, and combinatiaoseber-
ation and force feedback. The rigid and flexible body models of a vibration
isolator that are presented in this chapter are used to evaluate the peiderma
regarding the four performance transfer functions defined in se2tibn






CONTROL STRATEGIES FOR A
ONE-AXIS VIBRATION ISOLATOR

Chapter

Several feedback control strategies for one-axis hard mount vibra@ators

for precision equipment are presented. Firstly, two strategies basedlwar e
acceleration or force feedback have been derived using a rigid bodglnodd
the vibration isolator. Secondly, these strategies are improved usingibléex
body model, which allows to analyze the performance regarding intemal d
formations of the equipment. It is shown that with these strategies, it is not
possible to simultaneously realize all three performance objectives medhtione
in section2.5. Therefore, two novel control strategies are developed that can
be used to simultaneously realize all three performance objectives. Gate str
egy is based on the sensor fusion of the accelerometer and force segrss.

The other strategy is based on two-sensor control.

3.1 Introduction

The three performance objectives for active hard mount vibration isslate
stated in sectio.5. In section3.2it will be shown that these three objectives
cannot be realizedimultaneoushby using only acceleration or force feed-
back. Therefore, a two-sensor control strategy is proposed toedhbzhree
performance objectives simultaneously. The sensors that are usad ace
celerometer and a force sensor. These sensors are chosen $adhpiduads of
the vibration isolator, in fact suspensionfistess, actuators and sensors, can
be located in the mount; there is no need for modification of the equipment’s
design. Other strategies, see for exam@hg,[require placement of the actua-
tors and sensors inside the equipment to target the damping of internal.modes
This may not always be desirable.

Two-sensor controllers can be divided in two categories. For the st ¢
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egory, which is discussed in secti8B, both sensor signals are filtered first
and then added using the same controller for the two sensor signals. ahis str
egy is referred to as sensor fusion. For the second category, theehgors
signals are fed to two fierent controllers. This strategy will be discussed in
section3.4.

Two-sensor control strategies for vibration isolation based on the combina
tion of absolute motion feedback (e.g. using a geophone or acceleroamader)
force feedback have already been used in several applicationex&ample,
Hauge and Campbellp] used a two-sensor control strategy for vibration iso-
lation in aerospace equipment to profit from the low-frequency perfocmaf
a geophone and the high-frequency robustness of a load cell. Amoersoth
Gardonio et al.15] studied the combination of velocity and force feedback to
reduce the structural power transmission from a vibrating source t@&ireg
plate. The optimal controller was obtained by minimizing either the product
of a velocity and a force signal or the weighted sum of the squares of both
signals. A two-sensor control strategy based on sensor fusion yeéisdapy
Hua et. al. 6] and Ma and Ghasemi-Nejha@q] to combine multiple signals
in different frequency bands. However, all authors used two-send@easor
fusion control strategies to optimize for one performance objective omnly. |
this thesis, these strategies are applied to realize two performance olgective
simultaneously: lowering the transmissibility of floor vibrations and increasing
the damping ratio of internal modes. The third objective, which is providing a
stiff suspension, is realized by using hard mounts. The proposed strategies a
explained for a one-axis vibration isolator.

To have a better understanding of two-sensor and sensor fusiorolgontr
the basic control strategies for a one-axis active hard mount vibrati¢ar iso
tor based on either acceleration or force feedback are introducked firs

3.2 Acceleration and force feedback

This section is split into two parts. In the first part a rigid body model is
considered to explain the basic control strategy for active vibration isnlatio
In the second part a flexible body model is used to discussfbet©f internal
flexibilities of the equipment on the isolator’s performance.

3.2.1 Rigid body model

Consider the rigid body model of the one-axis hard mount vibration isolator a
shown in Figs3.1(a) and (b). These are similar to the model of Rigi(b). The
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m 4 Xl} equipmen

ke ko mount

X" floor
(a) Rigid body model using acceleration feedback. (b) Same mouhg fesce feedback.

Fig. 3.1: Model of the vibration isolator in which the equipment is represented byidbayly,
using: (a) acceleration feedback; (b) force feedback.

suspended equipment is modeled as a rigid payload body with ma$se
mount consists of a parallel connection of a spingnd a force-, generated
by some actuator. An additional sprikgis used to model parasitic Siess
caused by cables, etc. A disturbance fofgeis acting on the payload body.
In the Laplace domain, the equation of motion is given by

(M + kg + Kp)X1(S) = (K + kp)Xo(S) + Fa(s) + Fd(s). (3.1)

The force actuator is controlled y(s) using the signal of either acceleration
sensorxj or force sensofFs. The acceleration signal is the absolute accel-
eration; the force sensor signal is the total internal force of the mouhisan
represented by:

Fs(s) = —ku(X1(s) = Xo(8)) + Fa(s). (3.2)

Acceleration feedback is examined first, see Big(a). Negative propor-
tional and integral acceleration feedback is proposed for contddlgr with
gainsk, andk, respectively:

H(s) = —(ka+ k—;’). (3.3)

According to B0, this is equivalent to adding virtual mass (to lower the sus-
pension frequency of the vibration isolator) and artificial sky-hook dagp
respectively. As already introduced in sectihg, the performance of a vibra-
tion isolator is determined by the transmissibilltgs) and the complianc€(s)
which are given by Eq2(4). Substituting Eq.3.3) andFa(s) = H(s)X1(s) into

Eq. (3.1) gives the expressions for the transmissibility and compliance of the
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closed loop system:

k1+kp

TO= mree ksrark’ (3-4)
1
CO= Mg ks kT ky (3.5)

Indeed, the mass is virtually increased withand sky-hook damping is real-
ized byk,. Stiffnessk; can have any desired value.

Next, consider force feedback. By substituting E2j1) into Eq. @8.2), the
force sensor signal can also be expressed as:

Fs(8) = mXq(9) + kp(Xa(S) = Xo(8)) - Fa(S). (3.6)

So, the force sensor is not only measuring the acceleration ofinpkyt also
the contributions ok, andFg. If the contributions ok, andFq are neglected,
it is observed thaFs and X represent the same signals except for a gain
Therefore, controlleH(s) of Eq. (3.3) is also suitable for force feedback, when
it is scaled with Im, see Fig.3.1(b). By usingF4(s) = (1/m)H(s)F<(s) the
transmissibility and compliance of the closed loop system are given by:

Ky + Kp + (Kp/m)(Ka + ky/S)

TS = (M+ka)S? + kys+ kg + kp + (Ko/M)(ka + ky/9)’ (3.7)
(9 = 1 (Mm+ ky)s+ ky
O = k2 kst kot ot (o/Mkat k/9  ms
(3.8)

By comparing Egs.3.4) and @3.7), is is observed that the numerator and
denominator terms in the expressions for the transmissibilities are dependent
on the type of feedback. Therefore, the suspension frequeneidgtarent for
both types of feedback. Assumitkg = 0, the expressions for the suspension
frequencies of the closed loop system are given by

k]_ + kp
wn = m ka . (39)
for acceleration feedback, and
3 k1 ko
wn = m+ka+ m, (310)
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for force feedback. When using acceleration feedback, the ssispefre-
guencywy can be set to any desired value by choosing the appropriate value
for ky using Eg. 8.9). When using force feedback, the suspension frequency
wn is limited by the factok,/m, so a large parasitic $iiness limits the perfor-
mance, see als®()]. The relative damping can be set to any desired value by
choosing the appropriate value fqr.

ky

= T (3.11)

n

So, in case of a significant parasiticfBiess, acceleration feedback performs
better than force feedback regarding the transmissibility.

For the limits — 0 the static compliances can be calculated using E§) (
for acceleration feedback

1
Cu(s=0)= (= (3.12)
and Eq. 8.8) for force feedback
Ce(s=0)= % (3.13)

In a hard mount system it holds thgt < ki, such that the closed loop system
using acceleration feedback has a much lower value for the static compliance
For force feedback the compliance tends to infinity if no parasitttnstss

is present, so the static tiess will be even zero. Therefore, acceleration
feedback also performs better than force feedback regarding thdiaoog

3.2.2 Flexible body model

Next, consider the flexible body model as in F&2(a), which is based on
Fig. 2.2(b). This model describes the dynamics of the vibration isolator when
the suspended equipment contains internal flexibilities. The equipmentis rep
resented by two payload bodies with massgandm,, wherem; + m; = m.
These bodies are interconnected by a spkind here is no physical dampds
modeled between bodies andmy, since internal damping is often negligible.
A disturbance forcég is acting on bodym.

Examine the model of Fig3.2(a) using the numerical values listed in Ta-
ble 3.1 The values for the hard mount represent the experimental setup used
for the control experiments. The parasitidfstessk, is chosen as 1% of the
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(a) Flexible body model. (b) Equivalent mechanical model.

Fig. 3.2: (a) Model of the vibration isolator in which the equipment is representeaflexible
body, using acceleration feedback. (b) Equivalent mechanicaéhwith the same dynamics
as the closed loop system of (a) using acceleration feedback with contig(&.

value ofk;. The system’s suspension frequency is 13 Hz. The feedback gains
of controllerH(s) of Eq. (3.3) are set to:

k
Ka = w—lz — (M + my), (3.14)
kv = 2nwn(My + mp + k), (3.15)

where,wn = 2rfer With fief = 1 Hz andZ, = e = 0.7 are the desired

suspension frequency and relative damping of the closed loop system. With

these values the closed loop hard mount obtains the same transmissibility as

the ideal active soft mount of EQR.(L with €¢f = 0, a suspension frequency

of 1 Hz, and 70% sky-hook damping, see secfdh The values for the soft

mount in Table3.1 represent this ideal active soft mount isolator. The gains

of the controller for the soft mount isolator akg= 0 andk, as in Eq. 8.15

with wp = 27 fief With fref = 1 Hz andi, = s = 0.7. The feedback strategies

applied to the active hard mount are compared to the ideal active soft mount.
Acceleration feedback using sensaris analyzed first. The solid line in

Fig. 3.3(a) shows the loop gain

L, () = H(9)Gsyr.(9) (3.16)

that is formed by the controlldd(s) of Eq. (3.3) and plant transfer function
Gy, r,(s) from actuator force to acceleration signal which can be derived from
the equation of motion corresponding to F3g2(a):

Xl(s) B 52(m232 + ko)
Fa(9 (S + kg + ko + ko) (MpS? + ko) — K2

Giura(9) = (3.17)
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Table 3.1: Mass and sffness properties of the hard and soft mounts.

my (kg) mp (kg) ki (N/m) ka (N/m) ko (N/m)
hard mount 2.8 2.6 36000 450000 360
soft mount 2.8 2.6 213 450000 0

L, (s) has two resonances at 13 and 93 Hz corresponding to the suspandion
internal mode respectively, and one anti-resonance at 66 Hz. Tdesiney of
the anti-resonance corresponds to the zeros of Efj7)(and is

k
Was, = 1/EZ. (3.18)

Since both plant and controller do not have high-frequency illtbe loop
gain results in infinite closed loop bandwidth. This will cause stability prob-
lems in practical applications. By adding a second-order low-pass filer, th
controller obtains high-frequency rolfo The cut-df frequencyws of the filter

is determined by the desired attenuation at high frequencies (apwehich

is expressed asu/wr)?. An additional high-frequency zeo, is used to in-
crease the phase margin around the high crossover frequency obthgdm.

A second-order high-pass filter with a corner frequencwopf 2r-0.1 rads
and relative damping ratity = 0.7 is added to prevent actuator saturation at
low frequencies. The improved controller reads:

ky & wfz S+ wy
S’ P+ 2wis+ Wl P+ 2Ajwis+ w? Wz

Hi(s) = —(ka + (3.19)

The corner frequency is set t¢ = 27-20 rads to obtain above 20 Hz an at-
tenuation of @n/ws)? = 1/20% =2.51073, which is about-52 dB. With this
value ofws, the high-frequency attenuation is equal to the desired \@lpef
section2.5. The damping of the low-pass filter can be set to any value, in this
thesiss = 0.07 is used. The lower the value &f the more isolation is ob-
tained at the frequenay;. The additional zero is placed @t = 27-290 rags.

The resulting loop gain

Lrx(S) = Hi(5)Gsyr.(9) (3.20)

is shown as the solid line in Fig.3(b). The phase margin is about°6ét the
crossover frequency of 524 Hz.

The dynamics of the closed loop system with loop daig (s) is compara-
ble to the dynamics of the mechanical model shown in Eig(b), if the values
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Fig. 3.3: Loop gains of the hard mount using acceleration feedbagK<) andL,,(s) —)
and force feedback ¢, (s) andL, g, (S) ----) with: (a) controllerH(s); (b) controllerH,(s).

of the stifness, damping and mass are expressed in terms of the controller pa-
rameters oH,(s). So, the physical interpretation of this feedback strategy is
that a virtual body with madg, is added to payload bodw,. It can be shown
that the connection between bodlgsandm; has stiftnessk = kawfz and vis-
cous dampingl = 2¢twika — ky. A sky-hook dampek, is attached to bodlg,.
For H;(s) a constraintv, (2 wiks — ky) = kaw]? is required to make the dynam-
ics of both models in Figs3.2(a) and (b) completely equivalent. Fig.2(b)
can be interpreted as follows: at low frequencies, the suspendedpada be
considered as a rigid body with masg + m, + k;, connected to the floor with
the stif springk; and connected to the “sky” with damper. Above frequency
wi, the contributions of mads, and dampek, to the dynamics are decreasing.
At high frequencies, the dynamics are equal to the original dynamics withou
ka andk.

Next, force feedback is analyzed. The dashed lines in Bigé) and (b)
display the loop gains

1
LFS(S) = My + My

1
Lr,Fs(S) = m +

H(9Gr.f.(9), (3.21)

- Hr(9Gr, () (3.22)

These are formed by force feedback controllg(nt + mp)H(s) or 1/(my +
mp)H,(s), and the transfer functio@rr,(s) from actuator force to force sensor
signal:

Fo(9) (M S + ko + ko) (MpS? + ko) — k3
Fa(9 (i + kp + ko + ko) (Mo + ko) — K2

Gr.r(9) = (3.23)
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Compared to the acceleration feedback loop gains, the high-frequairtisg
lower and the anti-resonance has moved up to 92 Hz. This frequendyecan

approximated by:
[k nm
WaFs X —(l + Fl) (324)

The anti-resonance at 1.3 Hz is due to the presence of the parasitic kpring
and its frequency can be approximated by

N / Ko
©a =\ (3.25)

How k; affects the control performance will be discussed below. From now on,
controllerH,(s) of Eqg. 3.19 is used for both acceleration and force feedback.
Note that the high-frequency zess in Eq. 3.19 which is added to increase
the phase margin around the high crossover frequency, is optimizea-for a
celeration feedback, resulting in a phase margin ¢f Goor force feedback,
the phase margin is only about°30This is because the crossover frequency
for force feedback is lower than for acceleration feedback. Howévis as-
sumed that this value for the phase margin is stiflisient. In [54] a control
design is presented such that the acceleration and force feedbdoflleon
have comparable high crossover frequencies and comparable phegasma
around these high crossover frequencies.

3.2.3 Modeling results

Next to the transmissibilityl (s) and complianc&(s) of Eg. .4), the isola-
tor's performance is also determined by the deformation transmissibi{s)
and deformabilityD(s) of Eqg. 2.5), which are the responses of the internal
deformationAX(s) due to the disturbancé§(s) andFq(s). These four trans-
fer functions are shown in Fig8.4(a)-(d). The dotted lines represent the
responses of the open loop hard mount. The responses of an idealsafti
mount are given by the dash-dotted lines. The responses for the ¢tmged
hard mount using acceleration feedback and the hard mount usingiéecte
back are shown as the solid and dashed lines, respectively.

The transmissibilities of the closed loop hard mount using acceleration feed-
back and the ideal active soft mount are comparable in the frequengg tgp
to 20 Hz, the frequencys. Above this frequency the attenuation is more than
50 dB, see Fig3.4(a). The transmissibility of the closed loop hard mount
using force feedback is higher than that of the ideal active soft moumé¢. T
higher transmissibility is because the force sensor is not able to compensate
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Fig. 3.4: Performance transfer functions: (a) transmissibili{g); (b) complianceC(s); (c)
deformation transmissibilitf¥4(s); (d) deformabilityD(s).

oooooooo open loop hard mount

—-—- ideal active soft mount with 70% sky-hook damping

—— closed loop hard mount using acceleration feedback

---- closed loop hard mount using force feedback

for the vibration energy transmitted to the suspended payload by the parasitic
stiffnessk, [60]. The zeros in the force feedback loop gain of Hd@i(b) result

in a poorly damped resonance peak at 1.5 Hz in the transmissibility. Around
this frequency the loop gain is very small, so the controller is not able to al-
ter the transmissibility compared to the open loop response. This results in
a higher suspension frequency of the closed loop system, see als® H. (

Fig. 3.4(b) shows the compliances. Using acceleration feedback, the compli-
ance at low frequencies is determined by the suspensinestsk;, resulting

in a low value. In-between 1 and about 500 Hz, the compliance is even much
lower than that of the open loop hard mount system. This means that in this
frequency range the system’s susceptibility to direct disturbance fisromgch
improved, which is an additional advantage of active hard mounts as cedhpar
to (active) soft mounts. Using force feedback, the compliance at |ayuéne-
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cies is determined by the parasiticfBtessk, and therefore 100 times higher
compared to acceleration feedback. Fig<glc) and (d) show that the defor-
mation transmissibility and the deformability using acceleration feedback are
below those using force feedback for almost all frequencies. Seleaetion
feedback outperforms force feedback regarding all four perfocmaransfer
functions.

However, both feedback strategies fail to increase the damping ratio of the
internal mode. This is observed by the poorly damped resonance peilkes in
closed loop responses B§(s) in Figs.3.4(c) and (d). The internal modes of
the closed loop systems are lowered in frequency to almost the anti-regsonan
frequenciesv, s, at 66 Hz for acceleration feedback angr, at 92 Hz for
force feedback, respectively. Close to these anti-resonanceefreigs, the
loop gains have small magnitudes, see Big(b), so the control action has
hardly any €éect. As a consequence, the closed loop system cannot per-
form better than the open loop system (apparently, feedback makes ttysligh
worse). Therefore, the closed loop responses show resonaake g@iethese
frequencies.

To conclude, both sensor strategies fail to simultaneously achieve all three
performance objectives. A tradéfdas to be made between lowering the sus-
pension frequency using the controller of E&1© with acceleration feedback
and adding damping to the internal mode using other control strategies, such
as integral acceleration feedbael6]. The controller of Eq. §.19 with force
feedback cannot be used if a low compliance is desired.

In the next section, it is shown that all three performance objectivebean
realized using a control strategy based on the sensor fusion of tHeracoe-
ter and force sensor signals.

3.3 Sensor fusion

In case of acceleration feedback, the internal resonance fregattie closed

loop system is close to the anti-resonance frequency in the corresgdadin
gain. The controller of Eq.3(19 cannot be used to increase the damping ra-
tio of the internal mode, since the magnitude of the loop gain is very small in
the vicinity of this anti-resonance. Because the force feedback loophgain

its anti-resonance at a much higher frequency (see3R3})), it is suggested

to use the force signal for the feedback controller in addition to the aeeeler
tion signal. Combining multiple sensor signals is referred to as sensor fusion.
Similar as in P€] both signals are filtered by complementary filters first be-
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fore feeding them to the controller. Complementary filters are a low pass and
high pass filter which transfer functions sum to one.

Regarding all performance transfer functions, acceleration fe&diaiz
performs force feedback at low frequencies, while the high-freqqueerfor-
mance is similar. Therefore, it is proposed to filter the acceleration signal with
a low-pass filter and the force signal with a high-pass filter. contrblj€s) of
Eq. 3.19 is used together with first-order filters:

LF(s) = —P HF(9) = —

, (3.26)
S+ (,Up S+ w

Indeed, the sum ofF(s) andHF(s) is one. Filter polew, = 27-56 rads is
chosen such that the damping ratio of the internal mode is maximized. How
to choosew, to maximize this damping ratio will be explained at the end of
this section. The control scheme of this strategy is shown inFia) and its

loop gain

Lr(5.Fo) (8) = Hi(S)(LF ()G, 4 (S) + HF(S)Grr,(9)  (3.27)

my + My

is shown in Fig.3.5(b) as the dashed line. At frequencies beloyy the loop
gain is equal to the acceleration feedback loop gain, at frequencies ago

it is equal to the force feedback loop gain. The anti-resonantg#r,)(s) is

now well damped. The large amount of damping is possible because of-the re
atively large distance between the anti-resonance frequency in tHeratios
path at 66 Hz and the anti-resonance frequency in the force path a.92 H
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Figs.3.6(a)—(d) show the performance transfer functions. The black dashed
lines represent the sensor fusion strategy. For reference, théetrbmsctions
of Figs. 3.4(a)—(d) are repeated here in gray. The transmissibility and defor-
mation transmissibility are comparable to those of the acceleration feedback
system at low frequencies and to those of the force feedback systeighat
frequencies. Itis visible in Fig8.6(c) and (d) that the damping ratio of the in-
ternal mode in the responsesX(s) has much increased (to 20%). However,
the low-frequency compliance and deformability are about 3 times higher than
those of the acceleration feedback system. Apperently,fibetef the force
feedback signal is still noticed at low frequencies. A higher frequendijter
pole wp would make these transfer functions more comparable to the accel-
eration feedback system at the cost of a smaller damping ratio of the internal
mode.

Since at low frequencies only the acceleration signal is used for coatrol,
additional high-pass filter can be added to the force sensor signal totheake
force sensor at low frequencies even less important. The pole of thieadt
filter has to be smaller than, to guarantee that the loop gain will hardly be
affected by the presence of the filter palg. The new filters are

Wp
LF(s) = ST HF(s) =
p

, (3.28)
S+ wp S+ wq

in which wq = %wp is chosen. The loop gain and the resulting performance
transfer functions are visible as the black solid lines in Bi§b) and Fig.3.6
respectively. The transmissibility and deformation transmissibility remain vir-
tually the same, whereas the low-frequency compliance and deformability are
now comparable to the acceleration feedback system up to 3 Hz. With tespec
to the open loop system, the susceptibility of the system using sensor fusion to
direct disturbance forces is improved in the frequency range in-bativead
120 Hz. This is only slightly worse as compared to the acceleration feedback
system.

The solid black lines in Fig3.6 demonstrate that the sensor fusion strategy
using the controller of Eq3(19 and the filters of Eq.3.28 makes it possible
to simultaneously realize all three performance objectives. The perfeeman
of the vibration isolator is expressed in terms of high suspensifinesik;,
desired closed loop suspension frequeagyand high-frequency attenuation
(abovews) (calculated asds /wn)?). Since in practical applications the control
bandwidth is limited, the maximum achievable performance is related to the
available bandwidth. A measure for bandwidth is the high-frequencgaoves
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Fig. 3.6: Performance transfer functions: (a) transmissibili{g); (b) complianceC(s); (c)
deformation transmissibilitf¥4(s); (d) deformabilityD(s).

-------- open loop hard mount

—-—- ideal active soft mount with 70% sky-hook damping

—— closed loop hard mount using acceleration feedback

---- closed loop hard mount using force feedback

---- closed loop hard mount using sensor fustion

—— closed loop hard mount using sensor fusion and high-pass filter

in the loop gairL, %, ) (S). This crossover frequency can be estimated as:

We X QWi 4| ka i (3.29)
m + N Wn

Herew; ~ vki/(my + M) is the open loop suspension frequency of the hard
mount which is, for a given payload mass, determined by the suspensdfen sti
nessk;. Furthermoreg = 1.2...1.4, depending on the location of the high-
frequency zerav, in Eq. 3.19 relative towc. From this it is concluded that
the maximum achievable performance is a traffedetween the reduction of
the suspension frequeney/w, and the high-frequency attenuatian {wn)?.
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3.3.1 Maximum achievable damping

The damping ratio of the internal mode in the model of Big(a) depends on
the chosen value of filter polep. This is visualized in Fig3.7(a) where the
closed loop poles of the hard mount system using the controller of3Et) (
and the filters of Eq.3.26) are plotted as branches of the “root locus” fgy
varying from O toco. The branch corresponding to the internal mode traces a
curve in the left-half of the complex plane. The curve starts approximately in
jwaF, for wp = 0 (this value corresponds to the system with force feedback
only) and it ends approximately i}y, for wp = oo (this value corresponds
to the system with acceleration feedback only). Hese, andw,y, are the
purely imaginary zeros of the transfer functioBsr,(s) of Eq. 3.23 and
Gy, r,(9) of Eq. 3.17). These zeros correspond to the frequencies of the anti-
resonances in the loop gaihgr (S) and L, x,(S) respectively. The squares
indicate the closed loop poles for which maximum damping of the internal
mode is obtained. It is shown in appendixhatwp must be chosen as
m WaFq Wa 3y

= %\ Gy, war, VWasy WaFg (3.30)
such that the anti-resonance frequency.Qk, r,)(9) is equal to/wax, WaF,.
This value is obtained fap, = 27-56 rads. The maximum achievable damp-
ing can be found as:

Wp

1

(A)a7|:
gmax = > =

— 1‘, (3.31)
Wa %q

Substituting Eqs.3.18 and @.24) into Eq. 3.31) allows to rewrite Eq.3.31)
as{max = 3 VI+Mmp/my — 3 = 20%. So, the maximum achievable damping
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depends on the mass ratis/m, which is determined by the design of the sus-
pended equipment. Hy, is small compared tay, the maximum achievable
damping will also be small. The higher ratia/m, is, the higher the achiev-
able damping. In general, for internal modes at very high frequeribiesass
ratio my/my is very small, so it will not be possible to add much damping to
these modes.

Fig. 3.7(b) shows the closed loop poles of the hard mount system using the
controller of Eq. 8.19 and the filters of Eq.3.28 for wy, varying from O to
co. It is observed that the maximum achievable damping has been increased
to about 43%. This increase is due to the presence of the additional &sgh-p
filter (with pole wq) in the force path. Approximate formulas for calculating
the maximum achievable damping are moifédilt to obtain and are therefore
not derived.

3.4 Two-sensor control

In the previous section it is shown that the sensor fusion control strategy

be used to target on increasing the damping ratio of the internal mode while
keeping the other two performance objectives stated in segtorsensor fu-

sion control can be interpreted as a special case of two-sensorldnnttch

the two controllers are the same (except for the complementary filters). In this
section, the combination of acceleration and force feedback is discusised
different controllers for each sensor signal. It is shown how two-seasrol

is used to minimize the internal deformatiaX(s), rather than maximizing the
damping ratio of the internal mode, withoutecting the transmissibility and
compliance. In the first subsection, a two-sensor control strategy iseder

to target on increasing the damping ratio of the internal mode only. In the
second subsection, the two-sensor control strategy is combined withrihe co
trollers from the previous section to satisfy all three performance obgsctiv
simultaneously.

3.4.1 Increasing the internal damping ratio

Consider the control scheme of Fig.8@a) that corresponds to the flexible
body model of Fig.3.2(a). From single-input single-output control systems
(eitherX; = 0 or Fg = 0) it is known that for the response afX(s), the
closed loop transfer function equals the open loop transfer fun@iQg (s) =
AX(5)/Xo(s) scaled with the sensitivity function/(1 + L(s)) with the corre-
sponding loop gail.(s). In appendixB it is shown that the same relation holds
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in case of two outputs:

AX(S) 1
Xo(9) 1+ Lew.ro(S

Gaxso(9), (3.32)

wherel s, Fy)(9) is the loop gain for the two-sensor controller, expressed as
the sum ofl x, (s) andLyg(S):

Lt.(x.F9)(S) = Lisu (S) + Lers(9)
= Hi 50 (9GFy,a(5) + Hiro(9GF.Fa(9), (3.33)

in which Hix, (s) and Hyg,(s) are the acceleration and force feedback con-
trollers respectively, that will be defined in this section.

From Eq. 8.32 it can be concluded that the resonance peak of the internal
mode can be reduced in magnitude by realizing a high loop gainr,)(s)
in the frequency range where the internal mode must be damped. Tiegrefo
Lt (x,F5)(S) should ideally not contain any anti-resonance. An anti-resonance
in Li(x,.Fq(S) appears at a frequency for whithy, (s) andLir,(s) have the
same magnitude but have opposite sign due to & p8@se dierence. So
this situation must be prevented. In the ideal case, the loop gains) and
Lt r.(s) have the same phase over the complete frequency range, such that their
sum is always maximized. In practice this is unrealistic because the plant must
be precisely known to achieve this, so a model-based controller is required
that case. A method to circumvent a 1§hase dierence without requiring a
model-based controller is realizing a°9thase dierence betweel y, () and
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Lir.(9). In the complexs-plane this is interpreted as the summation of two
perpendicular vectors, which never results in a zero value.

An example of such acceleration feedback and force feedback tergro
is given in Fig.3.9@). A roll-off rate of —-40 dB/decade is applied for ac-
celeration feedback and a rolffaate of —20 dB/decade is applied for force
feedback. Both controllers are 90ut of phase in the complete frequency
range. The corresponding loop gain is shown in Bi§b). In the frequency
range between the anti-resonance in the acceleration path (66 Hz) ardithe
resonance in the force path (92 Hz), the phasgédince of the loop gains is
equal to+90°. Elsewhere the phasefiirence is-90°. From Fig.3.9(b) it is
observed that this method performs well since the summed loop gain for two-
sensor control has no poorly damped anti-resonances anymore agploiaibes
angle of the summed loop gain is in-between the phase angles of the separate
loop gains.

Next to roll of rates of—-40 and—-20 dB/decade for acceleration and force
feedback respectively, alternatives exist to achieve’gpd@se dierence be-
tween the two controllers. For example, roff-cates of—20 dB/decade for
acceleration feedback and 0 diBcade for force feedback could be used. The
90® phase dterence is still achieved, but the force controller has no rfll-o
anymore, resulting in an infinite bandwidth. Another alternative could bgusin
roll-off rates of-60 dB/decade for acceleration feedback amD dB/decade
for force feedback, but this can lead to stability problems due a drop kibw
—-180 phase line.

Therefore, it is suggested to use a rdil-tate of —40 dBdecade for ac-
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celeration feedback and20 dB/decade for force feedback. With this choice
stability of the closed loop system is guaranteed in the frequency range whe
sensors and actuators are collocated. A property of collocated canthalt
variations in the phase angle due to internal modes are always in-betveeen th
anglesp and¢ + 180 [45]. The system is designed such that for accelera-
tion feedbacky = —180° and for force feedback = —90°, see Fig.3.9Db).

This means that for collocated control the phase angles of the separpte loo
gainsLty, (s) andLtg.(s) do not drop below-18C. The closed loop system

with two-sensor control remains stable, since the phase angle of the summed
loop gain is always in-between the phase angles of the separate loop gains
see Fig.3.9b). This can only be achieved with a higher roff-cate for ac-
celeration feedback than for force feedback. It can be shown thadleer
roll-off rate for force feedback than for acceleration feedback results irla we
damped anti-resonance, but the phase angle of the summed loop gain is no
longer in-between the phase angles of the separate loop gains. Hesesl, ¢
loop stability cannot be guaranteed.

The control strategy based on sensor fusion is also an example in which the
acceleration and force feedback controllers are@f of phase. This can be
observed by plotting the individual loop gairls,, (S)LF(s) for acceleration
feedback and., r (S)HF(s) for force feedback using the complementary fil-
ters of Eq. 8.26). Fig. 3.8(b) shows the individual loop gains as well as the
loop gainL; x, r.)(S) for sensor fusion. At all frequencies, the phadgedence
between the individual loop gains is 90Since the loop gain of the acceler-
ation feedback controller drops belevil 87, closed loop stability for sensor
fusion cannot be guaranteed. Sensor fusion loop bain F,)(s) indicated by
the black dashed line in Fi@.8b) indeed drops below thel8C phase line
in-between 93 and 120 Hz. However, the closed loop system basesor se
fusion is stable (since at the high crossover frequency the phase linglis w
above-180 such that there is slicient phase margin), but it is not robustly
stable. For example, a significant increase of the equipment’s mass, results
in a lower magnitude of the loop gain and therefore in a lower value of the
high crossover frequency and less phase margin at this crossegeiefrcy.
The sensor fusion controller using the improved filters of BR& shows
similar results. However, at low frequencies the phafiedince between the
acceleration feedback and force feedback loop gains is no longeadu@0to
the presence of the additional high-pass filter in the force feedbadkotien
This is not a problem, since in the frequency range where damping of the inte
nal mode is desired, the phasdéféience is 90and damping can be achieved
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as already is shown in secti@n3.
3.4.2 Control design and modeling results

In Fig. 3.4it is already shown that at low frequencies acceleration feedback
performs better than force feedback. Therefore the first and thifdrpgance
objective stated in sectioB.5, are satisfied by using acceleration feedback.
At high frequencies, where internal modes could occur, the two-s&usn
trol strategy is used to satisfy the second objective. This strategy regects
roll-off rates at high frequencies @10 dBdecade (phasel80) for the accel-
eration feedback controller and +20 dB/decade (phase90°) for the force
feedback controller. Since the first performance objective determiresotir
troller gains for acceleration feedback, it is suggested to use the higtiest
off rate for acceleration feedback, such that the resulting control batidwid
becomes not too high.

The acceleration feedback controlldg(s) of Eq. 3.19 can be used for
two-sensor control if the zero at; = 27-290 Hz is removed. This zero must
be removed to preserve thelO0 dBdecade roll-& at high frequencies. The
new acceleration feedback controller reads:

ky ¢ of
Hi . (S) = — + — ’
t,Xl( ) (ka S)SZ+2§|CUIS+ (,UIZ 32+2§fa)fs+wf2

(3.34)

The force feedback controller/@m + mp)H,(s) for single-sensor control is
not suitable for two-sensor control, because it has no longer the ralddirfig
virtual mass and sky-hook damping. At low frequencies the controllerfgain
force feedback must be limited to prevent distortion of the compliance (similar
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as with the sensor fusion controllers using the filters of BiRg). There-

fore it suggested to use a second-order high-pass filter with a coeggreincy

of wi = 27-20 rads and a small relative damping = 0.07. These values

are identical to the values of the second-order low-pass filter inEf9(to

create the same behavior in the drop of the phase angle around 20 Hz and
thus preserve the 9(phase dference. To realize the desired roff-oate of

—20 dB/decade at high frequencies an additional first-order low-pass filter with

a corner frequency ab; = 27-20 radls is placed. The result is the following
force feedback controller:

S wf

Sz+2{fa)fs+ a)fz S+ a)f.

Hero(S) = ki (3.35)

The controllers of Eqs3(34 and 3.35 are plotted in Fig3.10a).

The controller gairk; can be tuned for any specific plant or application.
It is suggested to choode such that the loop gaink; g (s) and L;x,(s) at
the frequency of the anti-resonance in the acceleration path are ofrtiee sa
order of magnitude. These loop gains can be approximated usingEg4. (
and @3.395 and Egs.8.17) and 3.23 as:

. w1

Lisy (S~ jwas,) ~ ka? P (3.36)
. w

LS~ jwas) ~ ki (3.37)

By demandindLir (S ~ jwax,)l = |BLtx, (S = jwas, )| With g a scale factor, the
desired value oks can be calculated as:

W 1 w?ws
ki = Bka ~ f—

Waszy, M +M " wiwas,

: (3.38)

wherew, = vki/(my +mp). The influence of & on the performance is
illustrated in Fig.3.11 using various scale factogs = 0.5,1 and 2 result-

ing ink; = 25,50 and 100. The influence on the loop gain is illustrated in
Fig. 3.1Qb). It is observed that the anti-resonance in the loop gain at 66 Hz
becomes more damped with increaskagresulting in more damping of the
internal mode, see Fig8.11(c) and (d). The obtained damping ratios of the in-
ternal mode range from 10% f& = 25 and 23% fok; = 100. This increased
damping is paid for by a higher value of the compliance at mid-frequeneies, s
Fig. 3.11(b), and a higher bandwidth, see F&1Qb). It is suggested to use
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Fig. 3.11: Performance transfer functions: (a) transmissibili{); (b) complianceC(s); (c)
deformation transmissibilitf¥4(s); (d) deformabilityD(s).

-------- open loop hard mount

—— closed loop hard mount using acceleration feedback

—— closed loop hard mount using two-sensor control Witk 25

oooooooo closed loop hard mount using two-sensor control Wjtk 50

---- closed loop hard mount using two-sensor control Wjts 100

B = 0.5 such thak; = 25, which results in a good tradd¢fdetween damping
ratio, value of the compliance and bandwidth.

Similar to sensor fusion control, two-sensor control is based fierdnt
anti-resonance frequencies for acceleration feedback and feecdck. In
section3.3it is already explained that the maximum achievable damping for
the internal mode is determined by the ratio between the anti-resonance fre-
guencies and depends on the mass ragiom which should be not too small.
Herem; andmy, are the masses of the payload bodies in Big@a). So, two-
sensor control is only beneficial over acceleration feedback fotamogsmall
ratiosm,/my. The compliance of the system using two-sensor control is com-
parable to that of the system using sensor fusion and is therefore indprove
with respect to the compliance of the active soft mount.
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3.5 Conclusions

The performance objectives of active hard mount vibration isolatorprier
cision equipment stated in secti@wb can be realized simultaneously using
sensor fusion or two-sensor control: obtaining a transmissibility of flooavib
tions comparable to an ideal active soft mount (1 Hz suspension fregaed

70% sky-hook damping), increasing the damping ratio of the internal mode
of the suspended equipment (20-43% for sensor fusion and 10-€x3®d-
sensor control) and increasing the suspensidimetis £150 times larger than

an ideal active soft mount). An additional advantage of these contabégies

is that the system’s susceptibility to direct disturbance forces is signficantly
decreased in the frequency range in-between 0 and 120 Hz as cahipéne
ideal active soft mount.

It is not possible to realize all three performance objectives simultaneously
by using either acceleration or force feedback. In case of propaftigos
integral feedback, both feedback strategies are not capable obadkalimping
to an internal mode. Force feedback is also not suitable for the actide har
mount vibration isolator, since the low-frequency compliance is determined
by the parasitic sfiness and not by the suspensiorfséss and is therefore
much higher. It is shown that for the active hard mount vibration isolator in
closed loop, the resonance frequency of an internal mode is signifidauvty
than in open loop. Therefore, itis even more important to increase its damping
ratio to obtain a good performance.

For all control strategies it is explained how to choose the control param-
eters if the mass of the suspended payload and tiiaests of its suspension
are known, and the desired values of the suspension frequencyirgdaraio
and high-frequency attenuation are specified. It is shown that the maximum
achievable damping ratio for the internal mode is determined by the ratio of
the anti-resonance frequencies for acceleration and force fdedbac

The main contribution of this chapter is that, as compared to an ideal active
soft mount vibration isolator, an active hard mount vibration isolator using
sensor fusion or two-sensor control is able to realize the same transmissibility
of floor vibrations, with a decreased susceptibility to direct disturbarmoe$o
an increased suspensiorfistess to prevent leveling problems of the suspended
payload and the possibility to significantly increase the damping ratio of an
internal mode.






CONTROL EXPERIMENTS WITH A
ONE-AXIS VIBRATION ISOLATOR

Clapter

The results of the real-time implementation of the control strategies, describ

in chapter3, on an experimental setup of a one-axis hard mount vibration
isolator are presented. First, the experimental setup is described. diteee
guences of the gierences in dynamics between the experimental setup and the
models of chapteB are discussed. Secondly, the performance of the experi-
mental setup is analyzed using the four performance transfer functiongdefi

in section4.3. It is explained how these transfer functions are calculated from
the experimental data. Next, the experimental results are given andatechp

to the modeling results of chapt&r Finally, the results are discussed.

4.1 Experimental setup

To test the real-time implementation of the various control strategies, the ex-
perimental setup depicted in Figj.lis used. It was already available from pre-
vious researchg9]. The setup is designed to represent the flexible body model
of Fig. 3.2(a) and consists of three moving bodiag, my andmy,, which cor-
respond to the floor and the two payload bodies of the equipment resgectiv
Each mass is provided with a linear guidance to allow motion in one direction
only. The setup is mounted on a supporting frame and placed horizontally to
circumvent the necessity of gravity compensation.

Floor bodymy and bodymy are connected by an active hard mount, con-
sisting of a voice coil actuator which is able to generate a féigeand two
flexible membranes used as a linear guidance of the coil. The out-of-plane
stiffness of the membranes also provides for the desired suspenginassti
ki. A voice coil actuator has been chosen over other types of actuatths su
as piezoelectric actuators, due to its linear characteristics. Bodiesidnm,
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(a) n|12 m (@) (f) (d)(w.f.) (v) (@) my shaker

Fig. 4.1: Experimental setup with floor body, that can be excited by a shaker, payload bodies
my, andmy, interconnected by a $ihessk;,, voice coil actuator (v) consisting of a ftiessk;

and a parallel actuator forde,, accelerometer (a), force sensor (f), wire flexure (w.f.), and
additional voice coil actuator applying direct forEg (d).

are connected by a compliant component which h&hetsk,. Piezoelectric
accelerometers are placed on each body to measure its accelerationeBetwe
the voice coil actuator and bodh, a piezoelectric force sensor is placed. A
wire flexure is mounted between force sensor and coil to guaranteertlyat o
forces in the axial direction of the mount are transmitted onto bogdy A
shaker is used to excite the floor body. An additional voice coil actuatiti-(w
out any guidance) is mounted on bonly to excite it with a direct forcd-q.

The voltage applied to this actuator is proportional to this fdfgewithin a
bandwidth up to 1 kHz. The values for each mass arftheis are already
given in Table3.1

The linear guidances introduce additional parasitifiregss paths. There-
fore, the flexible body model of Fi.2(a) is modified slightly such that the
parasitic stithess is no longer modeled by a spring between bogdgnd the
floor, but by two spring,, connected at one side to a payload boaly 6r
mp) and on the other side to the supporting frame, see4#ja). The value
of the stifness of each spring is, = 4050 Nm. In [55] it is shown that
with this type of parasitic dfiness paths, the transmissibility and deformation
transmissibility for force feedback fiiér at low frequencies from those pre-
sented in this thesis. This will also be illustrated in subsedctidr2describing
the experimental results for force feedback.
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m

F k%kp equipment
m % dT §2 quip
my

L4 %

my 4 X1 i ks ikp
XEE ikp ms mount
Fa ka Fa ky
Xo X" floor
(a) Flexible body model. (b) Same model including wire flexure dynamics.

Fig. 4.2: Model of the vibration isolator in which the equipment is represented byxiblite
body and: (a) the parasitic springs that represent the linear guidétioe payload bodies are
included; (b) the dynamics due to the wire flexure is included as well.

4.2 Dynamics of the experimental setup

The flexible body model of the vibration isolator of Fi§2(a) describes only
the structural dynamics of the experimental setup. However, for theriexpe
mental setup also the actuator dynamics and the dynamics of the charge am-
plifiers for the accelerometer and force sensor are important. Theseénclu
a first-order low-pass filter with a corner frequency of 390 Hz, due ¢ th
impedance of the voice coil actuator (its power amplifier is operated in ve-
locity mode, not in current mode, to have a lower noise level), and a basdpa
filter in the charge amplifiers with corner frequencies of 0.1 Hz and 3 kHz.

Fig. 4.3(a) shows the plant transfer functiddy,r,(s) = X1(9)/Fa(s) of
Eq. 3.17) corresponding to the structural dynamic model of Big(a) (dotted
gray line) next to the plant transfer function corresponding to the elaetro
chanical model describing both the structural dynamics and the actuator an
amplifier dynamics (solid gray line). In addition to the structural dynamics of
the flexible body model of Figd.2(b), also the dynamics of the wire flexure
contributes to the total dynamics of the electromechanical model. This wire
flexure is mounted between the force sensor and the coil and can be thodele
by a springks between payload bodyy and bodyms representing the mass of
the coll, see Fig4.2(b). An additional mode due to the dynamics of the wire
flexure appears, which resonance frequency of 1.3 kHz can bexapated

by
Ws ~ s 5 .
S 1 S:
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Fig. 4.3: (a) Plant transfer functions from actuator force to accelerometealsignthe struc-
tural dynamic modelG;,r,(s) of Eq. 3.17) ----), for the electromechanical model including
wire flexure dynamics {—), and for the FRF estimate4—). (b) Loop gains for the struc-
tural dynamic model with controlldd,(s) of Eq. 3.19 (L., () of Eq. 3.20 ----), the elec-
tromechanical model with controllét,(s) multiplied by the filterFq,(s) of Eq. @.2) (—),
the FRF estimate withi,(s) multiplied by Fey(s) (—).

where the values oks and ms are estimated aks =810° N/m andms =
0.125 kg. The wire flexure dynamics results in a loss of collocation between
actuator and sensors, as is observed by thé j&se drop in Figt.3(a) at this
resonance frequency. This may lead to instability of the closed loop system,
due to crossing of the180C phase line at the frequency where the magnitude
of the loop gain is larger than one.

To prevent instability of the closed loop system, the controllers presented in
chapter3 need to be extended with a loop shaping filter. It consists of a skew
notch filter to compensate for the resonance frequency and an addi&moal
w3 to compensate for the first-order low-pass filter formed by the impedance
of the voice coil actuator. It is expressed as

2. 2
82 + 2{1(4)134— w7 W5 S+ w3 (42)

Fex(s) = S + 20rwrS+ w% wi w3
wherew; = 2rf; with f{ = 1.25 kHz, f, = 7.5 kHz, andf; = 390 Hz,

{1 = 0.01, andZ; = 0.7. Although the filter of Eq.4.2) itself is non-proper,

the resulting controllers to which this filter is added are proper, since all con
trollers are strictly proper. The second-order polynomial in the numeodtor
the skew notch filter of Eq.4(2) causes a virtual anti-resonance in the loop
gain such that there is a 18phase lift before the 18(Qhase drop at 1.3 kHz.
The denominator acts as a second-order low-pass filter to lower the lcontro
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(a) Plant transfer functions. (b) Loop gains.

Fig. 4.4: (a) Plant transfer functions from actuator force to force sensoakfgnthe structural
dynamic modelGg,(S) of Eq. 3.23 ----), for the electromechanical model including wire
flexure dynamics {—), and for the FRF estimate{—). (b) Loop gains for the structural
dynamic model with controller Amy + my)H,(s) (L. £,(S) of Eq. 3.22 ----), the electrome-
chanical model with A(my + my)H,(s) multiplied by the filterFq.(s) of Eq. @.2) (—), the
FRF estimate with A(my + my)H,(s) multiplied by Fex(s) (—).

gain at high frequencies. So, the controllers used for the experimenther
controllers presented in chapt@multiplied by the filter of Eq. 4.2). The
controllers are discretized and then implemented on a digital signal processo
The discrete controllers are running at a sample frequency.8fkt2z.

Fig. 4.3(b) shows the loop gaiby x,(s) of Eq. (3.20 for the structural dy-
namic model with controlleH,(s) of Eq. 3.19 (gray dotted line) and the
loop gain for electromechanical model with controlié(s) multiplied by fil-
ter Fex(S) of Eq. @.2) (gray solid line). It is visible that due to the bandpass
filter of the charge amplifier there is less phase margin at the low and high
crossover frequencies as expected based on the structural dynadet oho
Fig. 3.2 Due to the filter of Eq.4.2), the resonance peak at 1.3 kHz will not
destabilize the system, because the crossing of-t&% phase line is at a
frequency where the magnitude of the loop gain is smaller than one.

An estimate of the frequency response function (FRF) between actuator
force and accelerometer signal is also shown in &iga) (black solid line).
The FRF estimate is obtained by exciting the experimental setup with a ran-
dom actuator force which is measured together with the resulting acceleration
response. From this data, the FRF estimate is calculated ad]inThe FRF
estimate is resembled well by the electromechanical model in-between 3 Hz
and 2 kHz, although the suspension mode in the FRF estimate is better damped
than in the electromechanical model. The suspension frequency of thed=RF
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timate is a little lower than for the electromechanical model. This is because in
the electromechanical model the floor motion is assumed as a rheonomic input,
whereas in the experimental setup of Fdl the actuator force is also acting
on the floor. Therefore, the dynamics of the floor contribute to the dynashics
the experimental setup. Since the floor mass is 21.2 kg, which is much heavier
than the total payload mass of 5.4 kg, the contribution of the floor dynamics
is very low. Above 2 kHz additional high-frequency dynamics is predget.
low 3 Hz, the FRF estimate is unreliable due to sensor noise. The loop gain
formed by the FRF estimate with controllgg(s) of Eq. 3.19 multiplied by
filter Fex(S) of Eq. @.2) is shown in Fig4.3(b) (black solid line). It matches
well with the loop gain for the electromechanical model.

The transfer functions from actuator force to force sensor sigraV sim-
ilar behavior. Fig4.4(a) shows transfer functioGr.g,(s) = Fs(S)/Fa(s) of
Eq. 3.23 corresponding to the structural dynamic model of Big¥(a) (dot-
ted gray line) next to the transfer function corresponding to the electimamec
ical model which describes both the structural dynamics and the actuakor an
amplifier dynamics (solid gray line). Thetect of increasing the value of the
parasitic stifnessk, from 320 Nm to two times 4 050 Mn is visible, because
the anti-resonance frequency of the loop gain for the model of&&fa) is
6.2 Hz compared to 1.3 Hz for the flexible body model of Bg(a). The FRF
estimate of this transfer function is shown as well (black solid line). The cor-
responding loop gains obtained with controll¢(ry + mp)H,(s) of Eq. 3.19
are shown in Fig4.4(b).

4.3 Performance measures

During the experiments to determine the transmissibilities, the floor body is
excited by the shaker such that the velocity spectrum of bmglis 25 umy/s

RMS per one-third octave in-between 0.1 and 100 Hz. This is more or less
comparable to VC-B curve excitation as defined b§]|] see also Fig2.1(a).
In-between 100 and 800 Hz, the acceleration spectrum of bedg about

16 mmys?. This high excitation level is used tofSgiently excite the floor and
payload bodies, such that the estimates of the performance transféomfisnc
are not contaminated (too much) by sensor noise of the acceleromet&s. Th
realized acceleration level of the floor body is much higher than the expecte
acceleration level of a floor at a site. Therefore, it is not useful tautate the
RMS values of the payloads’ acceleration levels as the ultimate performance
measures. So, in this chapter the four performance transfer functiensea
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only used performance measures. In cha@more realistic excitation level,
comparable to a VC-D curve, is used for the control experiments with the six-
axes vibration isolator.

The acceleration levels of each body are measured and afterwards the
power spectral densities (PSDB)x (f) and cross power spectral densities
(CPSDs)Py;5,(f) are calculated. Heréis the frequency in Hz. The transmis-
sibility is calculated as the CSD between payload beyand floor bodymg
accelerations divided by the PSD of the floor badyacceleration. Unfortu-
nately, there is no sensor available to meaawelirectly, so the deformation
transmissibility needs to be calculated in &alient way. This is done using
Eq. (2.1) which states thax,"is related toAx by a factorky/mp, = “’aixl' So,
the transmissibility and deformation transmissibility can be calculated as:

= _ Psaso(f)
=520 (4.3)
L Pa(f) 1

axy

The relation betweer, andAx is only valid for the model of Fig3.2(a). In
practical applications this approximation is not correct. In multi-axes vibration
isolators, the transfer function estima®gy, (f)/Px,x,(f) calculated from the
measured accelerations on the floor and flexible bogycan be used directly.
The height of a resonance peak can be used as a measure for the amoun
damping added to the corresponding internal mode.

To determine the responses due to disturbance fegcbodym, is excited
using the additional voice coil actuator, while floor bady has been fixated
to the supporting frame of the experimental setup to reduce the influence of
the floor dynamics on the responses du&§o A random signal is generated
to apply a disturbance force of 0.3 N RMS. The compliance and deformability
are estimated as:

2 leFd(f)
C(f) = , 4.5
(f) Pror, (1) (4.5)
o Pyr(f
B(f) = D2eFl )—21 . (4.6)
Prars(f) wiy,
HerePy,r,(f) is calculated by dividingP,r,(f) with (27 )?:
Pr, (f)
Prra(f) = 5 57 (4.7)

which is equivalent to integratinBy, r,(f) twice with respect to time.
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Fig. 4.5: Performance transfer functions in model and experiments: (a)miastility T(f);
(b) compliance(f); (c) deformation transmissibilit§q(f); (d) deformabilityD(f).

-------- model: open loop hard mount

—— model: closed loop hard mount using acceleration feedback

oooooooo experiment: open loop hard mount

—— experiment: closed loop hard mount using acceleration feedback

4.4 Experimental results

The results of the experiments are presented in this section. The results of
acceleration feedback using controltgf(s) of Eq. 3.19 and force feedback
using controller 1(m + mp)H,(s) are shown first. Thefeect of the parasitic
stiffness path introduced by the linear guidance of the payload bodies is also
discussed. The results of sensor fusion using the filters ofE2g(are exam-

ined next. Finally, the results of two-sensor control are shown.

4.4.1 Acceleration feedback

Figs.4.5a)—(d) show the results of the acceleration feedback experiments. For
reference, the open and closed loop response of the model are hayay)
as well. In Fig.4.7(a) and (c) it can be seen that for the responses due to
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floor motion, the experimental results coincide with the model results in the
frequency range in-between 1 and 100 Hz. Below 1 Hz and above 250 H
the measured acceleration signals consist also of the contributions afoactua
noise and sensor noise since the actual motion levels of the payload bodies
are very small as well as vibrations transmitted onto the floor and payload
bodies by means of the linear guidance. Therefore, above this fregube
estimates of the transfer functions are not reliable. This can also be dedclu
from the corresponding coherence function which is displayed in@it{a)
of appendixC. Below 1 Hz and above 250 Hz, the coherence is much smaller
than one. The peaks at 300 and 900 Hz in Fig§@a) and (c) may also be
caused by local modes of the active hard mount. These are due to thei-pla
stiffness of the membranes that are used in the active hard mount as a linear
guidance of the voice coil as well as to provide for the suspensifines.
Figs.4.5c) and (d) show that the internal resonance peak of the closed loop
system remains poorly damped. Fig5b) shows that below 4 Hz the com-
pliance cannot be estimated well, since the accelerometer noise dominates the
payload’s motion level at low frequencies and this noise is amplified because
the compliance is obtained by filtering withy(27f)2. The experimentally
determined deformability diers from the modeled one in Fig.5d) for fre-
guencies below 30 Hz. Theftrence is thought to be caused by a poor phase
margin at low frequencies due to the second-order high-pass filters coiihe
troller and charge amplifier. A poor phase margin also results in some amplifi-
cation at the low and high crossover frequencies in the plot of the complianc
of Fig. 4.5b). Above 4 Hz for the compliance and above 30 Hz for the de-
formability, there is good agreement between the experimental and modeling
results.

4.4.2 Force feedback

The experimental results of force feedback are shown in Big&)—(d). Next

to the modeling results obtained with the flexible body model of Big(a)
(gray dashed lines), the modeling results obtained with the flexible body model
of Fig. 4.2(a) are shown (gray solid lines). In the latter model the parasitic
stiffness is modeled fferently computed to the model of Fig.2(a). Since for

the model of Fig4.2(a) the value of the total parasitictiess is significantly
higher (2x 4 050 Nm instead of 360 Nn), the suspension frequency is much
higher, see also Eq3(10. At low frequencies, the modeling results of the
transmissibility and deformation transmissibilityffér significantly. Below

4 Hz the transmissibility is even below one. This is due to the parasfiiness
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path formed by the linear guidance of the payload bodigandn,, see also
[55]. This seems a good result since realizing a low transmissibility is one
of the performance objectives. However, this type of parasititnsss path
is usually not found in practical applications of vibration isolators, it is only
present in the experimental setup of Mgl. Therefore, the modeling results
obtained with the model of Fig.2(a) are a better representation for tifieet
of force feedback on the performance transfer functions than the lmgde
results obtained with the model of Fi¢.2(a).

It is visible that the experimental results match well with the modeling re-
sults obtained with the model of Fig.2(a), in particular for the responses due
to the direct disturbance force. However, it appears that the forseés not
able to measure the vibrations of the setup’s supporting frame that are trans
mitted by the linear guidance of the floor and payload bodies of the setup. As
a result, the controller is not able to compensate for these vibrations, which
results in some resonance peaks. This is observed in the responsedidae
vibrations which show some resonance peaks in-between 10 and 5@d1z, s
Figs.4.6(a) and (c). The coherence at the frequencies of these res@niance
very low, see FigsC.2(a) and (c) of appendik.

4.4.3 Sensor fusion

Figs.4.7(a)—(d) show the results of the sensor fusion experiments. The results
match well with the modeling results. In Fig&.7(c) and (d) it is visible that

the internal mode is well damped, since there are no peaks in the deformation
transmissibility and deformability. The dip at 4.5 Hz and the peaks at 13 and
20 Hz in these plots are due to the dynamics of the supporting frame of the
experimental setup. At these frequencies the correlation between fidor a
payload acceleration is small so the estimate is poor, see alsoEiga)

and (c) of appendiXC. The experimentally determined deformabilitytdrs

from the modeled one at frequencies below 3 Hz. This is also because of a
poor phase margin at the low crossover frequency. The experimestdty
proof that the sensor fusion strategy can be implemented real-time and that the
desired goals are met.

4.4.4 Two-sensor control

Figs. 4.8(a)—(d) show the results of the two-sensor control experiments. The
results match well with the modeling results uskag= 25 for the force feed-
back controller gain in Eq.3(38. The same remarks as for sensor fusion also
apply for two-sensor control. In Figd.8(c) and (d) it is visible that the peak
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Fig. 4.6: Performance transfer functions in model and experiments: (a)miastbility T(f);
(b) complianceC(f); (c) deformation transmissibility4(f); (d) deformabilityD(f).

------- model of Fig.3.2(a): open loop hard mount

---- model of Fig.3.2(a): closed loop hard mount using force feedback

—— model of Fig.4.2(a): closed loop hard mount using force feedback

ooooooo experiment: open loop hard mount

—— experiment: closed loop hard mount using force feedback

at the frequency of the internal mode is a little higher than for sensor fusion
while Fig. 4.8(b) shows that the mid-frequency compliance is a little lower.
The experimental results proof that the proposed two-sensor cotrimtégy/
can be implemented real-time and that the desired goals are met.

45 Discussion

Precision equipment is usually mounted on very quiet floors, which motion
levels are well below the VC-B curve. As a consequence, sensorcng-a

tor noise may have a significant contribution to the overall performanceeof th
vibration isolator. Ultra-low noise accelerometers have a limited usable band-
width of <250 Hz B3]. However, this is no problem for the proposed sensor
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Fig. 4.7: Performance transfer functions in model and experiments: (a)miastility T(f);
(b) compliance(f); (c) deformation transmissibilit§q(f); (d) deformabilityD(f).

-------- model: open loop hard mount

—— model: closed loop hard mount using sensor fusion and high-pass filter

oooooooo experiment: open loop hard mount

—— experiment: closed loop hard mount using sensor fusion and highfifias

fusion strategy, since the accelerometer signal is used only at low freigse

for control. Because force sensors have in general a much lower lewisl

than accelerometergf], the high frequency performance of the sensor fusion
strategy is not limited by the force sensor. Unfortunately, the high-frecyue
performance of the experimental setup of the one-axis vibration isolatoota

be measured well, because of the small motion levels of the payload bodies.
This results in unreliable high-frequency estimates of the performancddran
functions as is shown in Figd.54.8.

Instead of using an accelerometer a geophone can be used as well, since
both sensors are measuring absolute motion. For the geophone, thadieedb
controller has to provide for afilerentiating filter as well.

In chapter3 it is already explained that force sensor are not able to compen-
sate for the equipment’s vibrations that are transmitted by means of parasitic
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Fig. 4.8: Performance transfer functions in model and experiments: (a)miastility T(f);
(b) complianceC(f); (c) deformation transmissibility4(f); (d) deformabilityD(f).

------- model: open loop hard mount

—— model: closed loop hard mount using two-sensor control

ooooooo experiment: open loop hard mount

—— experiment: closed loop hard mount using two-sensor control

stiffness paths. This is made visible in this chapter by the experimental re-
sults for force feedback, sensor fusion, and two-sensor contrbé peaks
in-between 10 and 50 Hz in the transmissibilities and deformation transmissi-
bilities of Figs.4.6-4.8are due to motion transmitted by the linear guidance of
the floor and payload bodies of the experimental setup which is not melasure
by the force sensor. Therefore, it is important to aim for a low value of the
parasitic stifness in the mount of the vibration isolator.

In section2.5it is stated that industrial vibration isolators (from suppliers
such as Halcyonics, Minus-K, and TMQ§, 39, 52]) usually achieve-30 to
—40 dB/decade roll- above their suspension frequencies that are typically
about 1 Hz. At high frequencies, the lower transmissibility limit ranges from
-35t0-60 dB at best. Figst.5a)-4.8a) show that the proposed strategies
are capable of realizing the same performance of the transmissibility with a
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low transmissibility limit of less thar-40 dB at high frequencies. Except for
the TMC STACIS" [57] all other systems are soft mounts, which means that
the proposed sensor fusion and two-control strategies will outperfoese
systems regarding the compliance, see Bif(b). None of the industrial sys-
tems are capable of increasing the damping of internal modes of the segpend
equipment, which is achieved in this thesis.

4.6 Conclusions

The control strategies presented in chaftare successfully implemented on
an experimental setup of a one-axis active hard mount vibration isolatior. A
three performance objectives for active hard mount vibration isolatateds

in section2.5can be realized simultaneously for sensor fusion and two-sensor
control: not only the transmissibility of floor vibrations is made comparable
to that of an ideal soft mount, the susceptibility to direct disturbance fasces
decreased, the suspensioftess is increased, and the damping of the internal
mode is significantly increased.

The experimental results match well with the modeling results in the fre-
guency range from 1 to 250 Hz. Although, sensor and actuator noise tinak
estimates of the performance transfer functions less reliable below 1 Hz and
above 250 Hz. It is observed that for all control strategies that useca feed-
back controller, it is not possible to compensate for vibrations transmitted onto
the suspended payload by means of parasitithess paths. This results in a
higher transmissibility and deformation transmissibility at some frequencies.

An important observation is that for a successful implementation of the con-
trol strategies, not only the structural dynamics of the vibration isolator has
to be taken into account but also the dynamics of the actuator and charge am-
plifiers of the accelerometer and force sensor. In addition, the reléigimt
frequency dynamics of the active hard mount is important. For the experi-
mental setup, this dynamics is due to the wire flexure between the voice coil
and force sensor, which results in a loss of collocation between actuator a
sensors and can destabilize the closed loop system. Therefore, a &gopgh
filter needs to be added to the controllers in chapter prevent instability of
the closed loop system.



DESIGN AND MODELING OF A
SIX-AXES VIBRATION ISOLATOR

ClHapter

The design of a demonstrator setup of a six axes active hard mountigibra
isolator is presented. A rigid body model describing the suspensiomugaa

of the isolator is derived. This model is used to get insight into how the six sus
pension modes depend on the mass and inertia properties of the patfiead,
stiffness of the suspension, and several other design parameters. biettes
prediction of the isolator's performance including thgeet of the payload’s
flexibilities, a flexible body model is presented. From that model, a refluce
order model is derived. This model represents a more accurateseptation

of the suspension dynamics than the rigid body model.

5.1 Design

In three-dimensional space, any rigid body has six degrees of ire€dOFs)

with respect to another rigid body. To fully isolate two rigid bodies with re-
spect to each other (in fact to isolate the suspended payload from tig floo
six judiciously placed one-axis active vibration isolators are needel ceae
straining one DOF. In this way, the suspension that connects the sespend
payload to the floor is realized with axact-constrainediesign f}9]. This
means that each DOF is constrained only one time. In an exact-constrained
design, internal stresses and deformations of the equipment due to thermal
loads, deformations of the suspension, and geometry variations dué &mgar
assembly tolerances are minimized. To realize an exact-constrained design,
each of the one-axis vibration isolators is designed to be relativélyirsits

axial direction and very compliant in the other directions. Several ar¢hite

for a generic six-axes isolator are possible, such as that of a sta@dagh-
Stewart platform 19, 47, 51] or that with three horizontally placed and three
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Fig. 5.1: Section view of the six-axes active vibration isolator with weight body (way-p
load (p), bracket (b), force sensor (f), membranes (m), vaidectuator (v), wire flexure (w.f.),
pre-loaded low-sffness springs (s), accelerometer (a), and rigid floor plate (r).

vertically placed isolatorss| 20, 61].

The six-axes vibration isolator presented in this chapter consists of six legs
arranged in three pairs of two, that suspend a payload (p) of abdkd0The
payload is the consists of a rigid frame body and two flexible payload bodies.
It mimics the precision equipment. Although the six legs are not mutually
orthogonal as in a standard Gough-Stewart platfdsfi, [it's configuration is
still approximated. Fig5.1shows the design of the six-axes vibration isolator.
The gray box in Fig5.1shows the most important components of a leg.

Each leg contains a voice coil actuator (v) which can provide a force in the
axial direction of the leg. A force sensor (f) is placed between eaclatactu
and the payload to measure the force in the leg and an accelerometer (a) is
placed at the rigid frame body of the payload to measure it's acceleration.
Both sensors are co-aligned with the actuator. The axifihetis of the leg
is due to two flexible membranes (m) that are used as a linear guidance for
the voice coil. The six legs are connected to a rigid floor plate (r) by means
of three brackets (b) (only two brackets are visible). The floor platebean
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Fig. 5.2: (a) Exploded view and (b) section view of the payload with weight body lavie
flexible payload body (p2a), leaf springs (I.s.) (in red), rigid frarodyb(p1), and small flexible
payload body (p2b).

excited using piezoelectric actuators, see chapter

The maximum force of the used voice coil actuators is 10 N. To compen-
sate for VC-D curve floor vibration levels, the six actuators together tamve
deliver a force equal to the payload’s mass times a VC-D curve RMS accele
ation level, which is about 4 misf RMS (see sectio.1.9. This means an
RMS force of only 40 mN, which is very small compared to the maximum ac-
tuator force. So, the actuator is capable of providing the required feved
The actuators are not used to compensate for the payload’s saggirtg due
gravity. Instead, three preloaded lowf8tess springs (s) are used for gravity
compensation and for preventing large deflections of the membranes and wir
flexures. The preload is such that the gravitational force is comperelatedt
completely.

The payload consists of three bodies, see big. The six legs are con-
nected to a rigid frame body (p1) that weighs about 6.3 kg (including all sen
sors). A large flexible payload body (p2a) of 3.9 kg is connected to rigitié
body (p1) by means of three leaf springs (I.s.) (in red). In addition a small
flexible payload body (p2b) of 0.7 kg is connected to rigid frame body (pl)
by another three leaf springs. Due to these flexibilities, internal modes of the
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Fig. 5.3: The demonstrator setup of the six-axes active vibration isolator.

payload with resonance frequencies ranging from 75 to 360 Hz ar:etta

In this way the internal modes of a precision equipment are mimicked. An
additional weight body (w) is placed at one side of rigid frame body (pl) to
break its symmetry. Although industrial vibration isolators used for suspend
ing precision equipment are often designed to be symmetric, it is not always
possible to realize this. Therefore, the weight is used to mimic an asymmetric
payload.

Ideally, the bending and torsionalf$tiess of each leg should be zero, since
the isolator’s performance will be limited by the presence of this parasifiic sti
ness, seelp, 47] and chaptei3. Therefore, a wire flexure (w.f.) is added
between each voice coil and the suspended payload. The wire fleasira h
very high axial stfness and at the same time a very low bending and torsional
stiffness. Collocation between the voice coil actuator and both sensors is ob-
tained up to the resonance frequency that is due to the wire flexure dygiamic
Similar as for the wire flexure in the experimental setup of the one-axis vibra-
tion isolator, this resonance frequency is approximated as the squaoé tloe
axial stitness of the wire flexure divided by the mass of the coll, see£#). (

The six-axes active hard mount vibration isolator is designed to have six
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suspension modes with resonance frequencies of about 10 Hz. Mtaiésd
about the design can be found Ril[44]. The realized demonstrator setup that
is available in the laboratory of the department of Mechanical Automation and
Mechatronics at the University of Twente is shown in FH@.

5.2 Rigid body model

In this section a rigid body model is derived that describes the suspetsion
namics of the six-axes vibration isolator. The model is used to understand ho
the six suspension modes are determined by the mass &nésdiproperties

of the isolator. In this section it is assumed that all leggdeal mountdaving

the same axial dtiness and zero bending and torsiondfséss. Furthermore,

it is assumed that all DOFs due to the internal flexibilities of the payload are
negligible, so the payload is considered rigid for now. Th&stss and preload

of the low-stifthess springs to compensate gravity, and the gravitational force
itself are neglected. Finally, the payload is considered to be axisymmetric, so
the additional weight body (w) in Fidp.2is omitted.

At the payload a coordinate frame is located with the location and orienta-
tion as shown in Figs.4. The origin of the frame is located in the elastic center
(e.c.) of the payload. The elastic center is the point on the payload where a
force exerted on that point in a certain direction results in a pure displaxteme
of that point in the same direction. The payload motion can be expressed in
the position and orientation coordinates: = (X, Y, z 6y, by, 0)7.

The stitness matrix of the vibration isolator can be derived by writing the
strain energy stored in the legs in termsxafi [45]. With the axial stifness
k of the legs, the strain energy ¥ = 1kq'q, whereq = (qs, ..., qe)" is the
vector of leg extensions. A matrR is defined that relates leg extensianp®
coordinateef, such thatxe; = Rg. Matrix R depends on the configuration
of the six-axes vibration isolator. For the design described in this thesis, the
inverse ofR is

—CBsw1  GBCa1 —B rPsws —rgécar  rcf |
Bswy —CBCa1 —B rPese; —rgecar —reh
R-1_| "2 CBCaz -6 rsaz —rsfcez rof (5.1)
CBsaz —CBCay —$B rBsaz —rgBcaz —rch |’ '
—GBswz  CBCaz —B rgBswz -rgécas rcB
CBswz —CBCaz —B rPsaz —rgecas —rch |
whereas, ap, andasz are the angles between the three leg pairs and-tods,
B = cosfB), B = sin(B), etc. Design paramet@ is the angle between the




60 Chapter 5. Design and modeling of a six-axes vibration isolator

(a) Trimetric view. (b) Front view.

Fig. 5.4: Coordinate framex,y, z) located in the elastic center (e.c.). The six active hard
mountsD—® are placed at an angfewith the horizontal plane.

axial direction of a leg and the horizontal plane, and design parameser
the distance between the vertical axis of symmetry and the point where a leg is
attached to the payload. In this thesis= 2r, ap = 37+ 3, andas = 2r+in

(see Fig5.4(a)). Usingq = R~ !Xt gives

V= 1'qu

1 T
> q= _erTefR TR ™ Xref, (5.2)

2

which means that the #liness matrix is
K =krR TR (5.3)
This matrix turns out to be
K = kdiag(3¢B, 368, 658, 3r2sB, 3r°s2B3, 6r2c2p). (5.4)

SinceK is diagonal, the geometric center of the vibration isolator is also the
elastic center. By choosing design paramgtet 35° such that co¥pB) =
2sirf(B) = £, the stifness matrix simplifies t& = kdiag(22,2,r2 r2,4r?).
This means that the translationafBtess is the same in all directions while the
rotational stifness in torsion is four times greater than in bending.

If the payload is an axisymmetric rigid body having principal axes of iner-
tia aligned with §&,y, z2) and with center of mass (c.0.m.) displaced vertically
from the elastic center of the six-axes isolator by amduntthe mass matrix
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expressed in terms ofes is [51]

(1 0 0 O hm O
0 1 0 -hp 0 0
0O 0 1 0 0 ©
M=MY0o _hwor+r2 o o (5-5)
hm O 0 O r2+h3 O
0 0 0 O 0 r2]

wherem is the total mass of the payload, angd r, are thex-axis andz-axis
radii of gyration respectively.

With M andK the equation of motion describing the suspension dynamics
of the vibration isolator can be expressed as

M Xref(t) + KXref(t) = BFa(t), (5.6)

whereF, = (Fa1, ..., Fae)' is the vector of actuator forces aBdis the input
matrix. Since the actuator forc€s are in the direction of the leg extensions

it is easy to see th& = R. The natural frequencies of the isolator are calcu-
lated by solving the eigenvalue problem of the left hand side of &£6) (

M~IK = PQ?P1, (5.7)

whereQ = diag(ws1, . . . , wg) With w thelth suspension mode afthe normal
modal matrix in which thédth column is the corresponding normal mode shape
factor expressed in terms afe;. From Egs. $.4) and 6.5) it is clear that
the suspension modes are determined by design parargeteasdhy, if the
mass and inertia properties of the payload are given. It can be olstvate
the z-translation or “bounce” mode and teotation or “torsional” mode are
decoupled, with natural frequencies given by

2

w3 = V2w, wg = —wo, (5.8)

Pz
wherewp = Vk/mandp, = r,/r is thez-axis radius of gyration normalized
with radiusr. For most cases of interegt, < V2 and thereforevs > w3. The
remaining four modes are bending coupled with shear (or horizontaldrans
tion). The natural frequencies corresponding to these bending eadslodes
occur in two identical pairs and are given by the roots of the equaig®|]

2

w
20— =0, (5.9)

“o

2 2
w w
(- 5)a-pi) -
wo wo
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wherepyx = ry/r is thez-axis radius of gyration normalized with radiugnd

om = hm/r is the center of massfiset normalized with radius. It can be

seen that the modes will all be decoupled if the center of mass is located at
the elastic center, hen¢g, = 0 andp, = 0. If in the ideal situation also the
radii of gyration arex = 3 V2r andr, = V2r, all six suspension modes have
the same natural frequency. However, these conditions &reudtito satisfy

and in almost all situations there will be a frequency spreadadal spread

In [5]] it is stated that for most axisymmetric payloads the natural frequency
of the bounce mode is in-between the two pairs of bending and shear modes.
The natural frequency of the torsional mode is usually the highest.

The six-axes active hard mount vibration isolator is designed such that the
bounce mode is about 10 Hz. Using E§.8) with a 10.9 kg payload, the
axial stifness of the legs that is due to the membranes is choseh@Gd\Ngm.
Radiusr is 100 mm, the center of mass$fseth,, is 56 mm, and the radii
of gyration arery = 125 mm pyx = 1.25) andr, = 117 mm p, = 1.17).
These distancesftier from their ideal values, so there is coupling and there is
a modal spread. With these values the resonance frequencies of thaita/o p
of bending and shear modes are 7.9 and 12.5 Hz, the bounce mode is 10.2 Hz
and the torsional mode is 17.9 Hz.

In reality, the legs ar@mon-ideal mountsince their bending and torsional
stiffness are non-zero and additional parasitiffretss due to cables may be
present. This results in (weak) coupling and a non-diagon@&hesis matrix.
Moreover, the low-sfthess springs that compensate the sagging due to gravity
result in an increased finess in vertical direction. In addition, if the payload
is not axisymmetric due to the additional weight body (w), the mass matrix
will also be a full matrix. Hence, all six suspension modes will be coupled. As
a result, the transmissibilities are also coupled. For example, payload motion
in x-direction will be due to both floor translation ¥adirection and floor rota-
tion around they-axis. To accurately predict the performance of the vibration
isolator in terms of the transmissibilities, a linear finite element model of the
vibration isolator describing input-output relations needs to be used. In the
next section, the derivation of a finite element model is discussed.

5.3 Flexible body model

Within a finite element model of the vibration isolator, the flexible body dy-
namics of the payload itself and the payload’s suspension can be incladed.
the DOFs associated with these internal flexibilities are no longer neglected.
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Table 5.1: Resonance frequencies of the suspensions modes for the deddeadsm

rigid body model flexible body model reduced order model

bending and 79 Hz 7.6 Hz 7.6 Hz

shear modes 79 Hz 7.7 Hz 7.7 Hz
bounce mode 10.2 Hz 9.8 Hz 9.8 Hz
bending and 12.5Hz 12.0Hz 12.1 Hz
shear modes 12.5Hz 12.8 Hz 12.8 Hz
torsional mode 17.9 Hz 16.7 Hz 16.7 Hz

The payload is modeled as being asymmetric and the bending and torsional
stiffness of the legs is included. With the flexible body model, input-output re-
lations can be obtained that are used to assess the performance ofith@iacti
bration isolator in terms of the transmissibilities and the stability of the closed
loop system. The model has been developed using SPACAR, a non-linear fi
nite element software package which can make computations of mechanical
systems with interconnected rigid and flexible elements. The interested reader
is referred to for example?B] and the references therein for more information
about this software package.

The nonlinear finite element description used by SPACAR allows accurate
modeling of the system dynamics with relatively few elements. Moreover,
rigid and flexible elements can be used simultaneously. Geometrical nonlinear
stiffness &ects like preloading due to gravity are easily accounted for. Using
the software package, linearized state-space representationgti@rgibputs
and outputs can be easily computed. These state-space systems are of low
order due to the relatively small number of DOFs as compared to typical finite
element models.

The three payload bodies in Fig.2 are modeled with rigid elements. Their
mass and inertia properties are derived from a CAD model. The two sets of
three leaf springs that connect the payload bodies to each other aréethode
with flexible elements. The rigid floor plate and the three brackets ing-ig.
are also modeled with rigid elements. The legs are modeled with flexible el-
ements that provide for the elastic properties of the membranes, back-EMF
damping of the voice coil actuators and axial actuator forces. The fmce
sors, accelerometers and wire flexures are modeled with flexible elements as
well. Itis beyond the scope of this thesis to discuss the actual modeling in more
detail. The reader is referred t87, 28, 60] for more detailed descriptions on
using SPACAR for the modeling of vibration isolators.

The SPACAR software package provides the system matrices coroespon
ing to the six-axes vibration isolator. When the DQOgsonsists of the leg
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extensions as well as the axial and bending deformations of the leaf spring
the equations of motion are given by

M i(t) + DG(t) + Ka(t) = ~MoXo(t) + BFa(t), (5.10)
y(t) = Cqa(t) + Cqa(t) + C4d(0), (5.11)

whereM, D, andK are the mass, damping, anditess matrices correspond-
ing to DOFsq respectively, and/g is the mass matrix corresponding to the
vector of floor accelerometer signals = (X.1.. .., %0e)'. B is the input ma-
trix and Cq, Cg, andCy are the output matrices that relate the outpute
DOFsq and their derivatives with respect to time, = (Fas, ..., Fag)' is the
vector with actuator forces anyl = (X{, F{)" is the output vector. Herein,
%1 = (Xu1....,%16)" is the vector with payload accelerometer signals and
Fs= (Fs1,...,Fse)' is the vector with force sensor signals.

Using Eqg. 6.7) the resonance frequencies and the mode shapes can be calcu-
lated. The first six modes represent the six suspension modes. Tlogianes
frequencies are in Table 1 compared to those of the rigid body model. The
resonance frequencies of the two (approximate) pairs of bendingleeat s
modes are 7.6 and 7.7 Hz, and 12.0 and 12.8 Hz, the bounce mode is 9.8 Hz
and the torsional mode is 16.7 Hz. These frequenci@erdilightly from the
ones for the rigid body model. This is mainly due to the asymmetric payload.

5.3.1 Plant transfer function matrices

With Eq. (.10 the plant transfer function matri&y, r,(s) between actuator
forces and payload accelerations is derived, suchXhéd) = Gy, r.(9)Fa(s).

In a similar way the transfer function matr@g g, (S) is derived, such that
Fs(s) = Grr.(9)Fa(s). SinceGy,r,(s) andGr,r,(s) each describe 36 trans-
fer functions (from each of the six actuator forces to each of the silopdy
accelerations), only two typical transfer functions are displayed, brejog-
sentative for the others.

Fig. 5.5a) show the transfer functiorBy, ;r,,(S) = X15(5)/Fas(s) (solid)
and Grgr.5(S) = Fss(9)/Fas(s) (dashed) from actuator 5 to sensor 5 corre-
sponding to a co-aligned and (approximately) collocated actuator-spasor
This is reflected by the plot of the phase angle that is in-betweeh 4:3@
0° [45] up to about 900 Hz, the frequency at which the collocation is lost
(because of the local wire-flexure dynamics) and the plot shows aaeee
peak. Fig.5.5b) show the transfer functionGy,,r.(s) = X11(5)/Fas(9)
(solid) andGrgr,s(s) = Fsi(s)/Fas(s) (dashed) from actuator 5 to sensor 1
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Fig. 5.5: (a) Transfer function$y, .r,s(S) (——) andGer,5(S) (----) from actuator 5 to
sensor 5; (b) Transfer functiory, ,r,.(S) (——) and Ggr,(S) (----) form actuator 5 to
sensor 1.

corresponding to a non-collocated actuator-sensor pair. The phglesisibe-
low 900 Hz no longer in-between 18and 0. So, Figs5.5a) and (b) show
clearly the diterence between the transfer functions corresponding to collo-
cated and non-collocated actuator-sensor-pairs. In both plots, seoraree
peaks in-between 7.2 and 16.7 Hz are visible. These correspond tesiensu
sion modes of the vibration isolator. The peaks in-between 75 and 36(eHz ar
due to internal flexibilities of the payload because of the leaf springs.

From the transfer function matricéS,g,(s) and Ggr,(s) the so-called
characteristic loci(CL) can be calculated. The CL are just the traces of the
eigenvalues of transfer function mat, r,(s) or Gr.r,(9):

Gee(S) = B(HA(S)D (9 (5.12)

whereA(s) = diag1(s), .. ., 1(S)) in which 4; is theith eigenvalue evaluated

at each frequencyg = jw. The CL ofGy,,(S) are shown in Fig5.6. The plot

of the CL of Gg r,(9) is visible in Fig.5.7. The eigenvalues can be calculated
only if the transfer function matrix is square, which means that the number of
inputs and outputs are equal. CL are normally used for checking the stability
of multivariable systems using the generalized Nyquist stability criteGah [

A nice property of the CL is that, while usually each mode appears as a reso-
nance peak in multiple transfer functions containe®igr,(s) or Gr.r,(9), it
appears in only one of the CL as a resonance peak, see&sFegand5.7. Since

there are more modes than CL, each of the CL may show more than one peak.
The CL are a good representation of the dynamics of the vibration isolator.
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Fig. 5.6: Characteristic loci of the transfer function mat€x, g, (S).

The dips in the CL of5gr,(s) in Fig. 5.7 are the anti-resonances due to para-
sitic stiffness, see also EE3.5. Since the frequency of each anti-resonance
is only about a factor 3 smaller than the frequency of the corresponestg r
nance (due to the axial fimess of each leg), it is concluded that the parasitic
stiffness is quiet large (about 14% of the axiaffees of each leg).

5.3.2 Transmissibility matrix

Eq. (.10 can be used to calculate the transmissibility matr{g) which de-
scribes the relationship between the floor and payload accelerometdssigna

X1(9) = T(9)Xo(9). (5.13)

Transmissibility matrixT (s) is used in chapter to analyze the performance
of the six-axes vibration isolator. Sinég and X; are measured in the axial
directions of the sensor3,(s) is dependent on the choice and orientation of
these sensors. If it is assumed that the inputs and outputs are transismed

Xfloor(s) = Rfloorxo(s), >Zref(s) = Rrefxl(s), (5-14)

whereRyo0r aNdRyef are constant matrices defining geometric transformations
and Xs00r describes the motion of the frame attached rigidly to the fl&Qe,
describes the motion of the frame attached rigidly to the payload. Substituting

Eq. 6.14) into Eq. 6.13 yields

Xref(s) = RrefT(S)RﬁgorXﬂoor(s), (515)
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which allows to define

Xref(S) = Trer(S) Xioor(9), (5.16)
where the transmissibility matrik.e¢(s) is defined as

Tref(S) = RrefT(YRjaor (5.17)

If both floor and payload have identical motiofggor = Xref, Tref(S) must
be equal tdg and Tef(S) is the matrix generalization of a scalar transmissi-
bility. This is achieved ifks0or and X;et describe the motion of two reference
frames located at the same point in space and with the same orientation. A
natural location of this point is the elastic center of the vibration isolator with
the orientation as in Figh.4. This mean®R;e; = R as in Eq. 6.1). An expres-
sion for Ryeor is derived in chapte8. With this choice, thdlth entry of the
transmissibility matrixT e(S) represents the payload’s response (a pure trans-
lation or rotation in the direction of, y or 2) due to floor excitation in the same
direction.

The equation of motion of Eq5(10 usually describes both the suspension
dynamics of the vibration isolator and the flexible body dynamics of the pay-
load. In chaptei7 a novel method for designing a modal controller will be
presented. That method requires the mass, damping diméss matrices cor-
responding to a model describing only the suspension dynamics. Sucted mod
can be obtained using for example a reduction method. This will be discussed
in the next section.
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5.4 Reduced order model

Consider the equation of motion of E&.{0 and exclude the contribution of
floor vibration Xg. The DOFsq can be partitioned into a set (o) that is ob-
served and controlled and a set (u) that is not observed and contr8ée@o)

is associated with the extensions of the legs, while set (u) is associated with
the internal flexibilities of the payload. With this partition, E§.X0 can be

written as
[M 00 MOU] {QO(t)} + |:D00 DOU] {QO(t)}
M uo M uu qu(t) DUO DUU qu(t)

Koo Koul [Go(t)| _ [Bo
[KmeJ{maﬁ‘WBJF4°' (5.18)

The equation of motion that describes only the suspension dynamics can be
obtained using a reduction method, such as Guyan redudtidnGuyan re-
duction is a static method in which the forces associated with the not observed
DOFsq, are set to zero. Since the DOggare not controlled eitheB, = 0.
Solving the static equations of Ec¢.(0 with B, = 0 anddu(t) = qu(t) = 0

gives

Qu(t) = —K K uoGo(t). (5.19)

and a coordinate transformation is given as

Qu(t)

With this transformation the reducedfBtiess matrix can be calculated as

{qo(t)} _ [—LG;&KUO] Uo(t) = Tqo(t). (5.20)

K = TTKT = Koo — KouK 5K yo. (5.21)

Applying the same transformations to the damping and mass matrices results
in the reduced damping and mass matribess T'DT andM = T'MT,
respectively. These are expressed as:

D = Doo — DouK gaK uo — KouK g (Duo — DuuK gaK uo)s (5.22)
M = Moo — MoK 52K yo = KoK it (Muo = MK glK wo).  (5.23)
From Eqg. 6.20 it is clear that Guyan reduction is a static reduction method,

since the coordinate transformation only makes use of partitions of ffie sti
ness matrix. The reduced mass, damping artheis matrices can be used to
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Table 5.2: Modal matrix®, and resonance frequencies.

7.6Hz 7.7Hz 9.8Hz 12.1Hz 12.8Hz 16.7 Hz
x -0.14 0.04 0.06 0.04 -0.01 0.00
y 0.04 -0.16 -0.02 -0.01 -0.04 0.01
z 0.01 -0.00 0.28 -0.02 0.00 -0.00
6, 026 095 0.25 0.26 0.97 0.00
6, 096 -0.25 0.93 0.96 -0.26 -0.00
9, -0.00 -0.10 0.00 0.00 0.02 1.00

derive the modal controller as will be described in chapteFhe equation of
motion describing the rigid body dynamics is given by

M Go(t) + Do(t) + K go(t) = BoFa(t). (5.24)
The payload acceleratior¥g are related tdj, by the output matrixC,:
Xa(t) = Colio(t). (5.25)

SinceM is non-singular, pre-multiplying Eq5(24) by M~ allows to write the
system as:

Go(t) + M 1D Go(t) + MK go(t) = M !BoFa(t) (5.26)

If D is a proportional damping matrix, the equation of motion of BeR®) can
be decoupled using the modal transformatign= Pyz, in which the columns
of P, are the normalized eigenvectorshfK:

MK = PQ2pP 2. (5.27)

Pre-multiplying Eq. §.26) by P;! results in the modal decoupled equation of

motion
Zo(t) + EoZo(t) + D220(t) = PyIM 1B F4(t), (5.28)

whereE, = diag€os, . . . , £o) aNdQ, = diagwor, - . . , woe) With &g = 201wl
Herein,/y andwy are the damping ratio and the resonance frequency of the
Ith suspension mode of the vibration isolation system. [Ttheolumn ofP, is
the corresponding normal mode shape vector.

The mode shapes vectorsRyg are expressed in terms of the DOds With
the transformation matrik of Eq. (6.1), the mode shapes can be expressed in
terms ofXef as

@, = RP,. (5.29)
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Thelth column of®, now expresses thHéh mode shape in terms a&fe;. Ta-

ble 5.2 shows the mode shapes. It shows the coupling that is present in par-
ticular between translation ir-direction and rotation around theaxis and

visa versa. Because of the asymmetric payload, the third mode is not atperfe
“bounce” mode, and the fourth and fifth mode have slightifedent resonance
frequencies.

In Table 5.1 the resonance frequencies of the suspension modes for the
reduced order model are compared to those for the the other models. The
frequencies for the flexible body model and reduced order modellm@sa
identical, while these dier slightly from the ones for the rigid body model.
Therefore, it is concluded that the reduced order model is a moreaecur
representation of the suspension dynamics than the rigid body model.

5.5 Conclusions

A demonstrator setup of a six-axes active hard mount vibration isolator is re
alized that is able to suspend a 10.9 kg payload. Under the assumptions that
parasitic stiftness éects, internal flexibilities and asymmetry of the payload
can be neglected, a rigid body model describing the suspension dynamnics ¢
be derived. This model shows how the six suspension modes are not only
determined by the mass and inertia properties of the payload, and the axial
stiffness of the legs, but also by several other design parameters of gemsus
sion. These are the angle between the axial direction of a leg and theritatizo
plane, the horizontal distance between the vertical axis of symmetry and the
point where a leg is attached to the payload, and the vertical distance hetwee
the center of mass and the elastic center of the vibration isolator.

If these assumptions are not valid, a flexible body model should be used.
With this model also thefect of the payload’s flexibilities can be analyzed
as well. From the flexible body model, a reduced order model can besderiv
using Guyan reduction. The reduced order model is a more accura¢seep
tation of the suspension dynamics than the rigid body model, since the bending
and torsional sffness of the legs, and th&ect of an asymmetric payload are
taken into account.

The main contribution of this chapter is that with the rigid body model and
reduced order model, a model is available describing the suspensiomdyna
ics. The mass, damping andfBtiess matrices can be derived from this model.
These matrices are used to design the modal controller for the active hard
mount vibration isolator described in chapter



SYSTEM IDENTIFICATION OF A
SIX-AXES VIBRATION ISOLATOR

C;apter

In this chapter, an identification model describing the dynamics of the slemo
strator setup of the six-axes active hard mount vibration isolator is obtained
This model can be compared to the models presented in chapteassess

the stability of the vibration isolator in closed loop. A novel method for the
system identification of such a system is developed. This method identifies a
state-space model representing accelerance transfer functiongjuires the
calculation of the so-called characteristic loci (CL). The CL are just theeig
values of the frequency response function matrix and can be calculalgd on

the system is square. This means that the number of inputs and outpaits mus
be equal. It is shown that the reduced mass, damping affdests matrices

can be calculated from the identified state-space model if the system is collo-
cated. These matrices can be used to design the modal controller in cifapte
The method is successfully applied to experimental data from the six-axes ac
tive hard mount vibration isolator. It is demonstrated that the method outper
forms the widely used least squares complex frequency domain estimator fo
the identification of closely spaced poles.

The work in this chapter has been submitted for publication in revised form
as: D. Tjepkema and J. van Dijk, “State-space identification of squatestr
tural dynamic systems using characteristic loci”. Submitted 2012.

6.1 Introduction

Many methods are available for the system identification of structural dynamic
systems. The goal of the identification model determines which method suits
best. General system identification methods, e.g. based on predictive err
models B4] or subspace identificatiorip], identify a model describing input-
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output relations. Modal identification methods ¢, 11, 62] are dedicated to
identify the resonance frequencies and mode shapes of a structoneahity
system. An advantage of modal identification methods over general system
identification methods is that some basic knowledge about the nature of the
system can be used to enforce constraints (e.g. the identified model las to b
stable or reciprocal) without requiring an optimization algoritt@j Another
advantage is that models obtained with modal identification methods usually
contain only physical poles (poles corresponding to a mode of the system),
whereas models obtained with general system identification methods also con-
tain many mathematical poles (poles used to model the noise and which are
due to over-modeling of the system).

None of the available methods from literature is able to accurately identify
the modes of a system with a larger number of modes in a wide frequen®y rang
(describing multiple decades, e.g. 1-1 000 Hz) and with modes correagond
to multiple closely spaced poles, in particular at low frequencies (e.g. below
50 Hz). Ifitis tried to identify a model of such a system with existing methods,
the multiple closely spaced poles are often identified as a single pole only. This
is because the model has to describe a wide frequency range and the multiple
closely spaced poles can hardly be distinguished from each other.

An example of such a system is the active hard mount vibration isolator
for suspending precision equipment. Its six suspension modes areet:8ign
be at low, closely spaced frequencies (e.g. 7.6-16.7 Hz), while the ahtern
modes of the suspended equipment are in the mid and high frequency range
(75-3 000 Hz). Another example is a multi-axes manipulator with a flexible
linear guidance to accurately position a stage (e.g. a flexijgteable or a
scanning mirror). The modes at low frequencies are in the direction of actu
ation, while the modes at mid and high frequencies are the internal modes.
If high-bandwidth controllers are used to control such systems, anaecu
identification model of the system is often desired.

In this chapter, a novel three-steps system identification method is pohpose
It can be interpreted as a guideline for the system identification of squace s
tural dynamics systems. With this method the (observable) modes of structural
dynamic systems can be identified, including the modes corresponding to the
multiple closely spaced poles at low frequencies.

The first step of the method is based on the framework of the least squares
complex frequency domain (LSCF) estimatdr11,62). The LSCF estima-
tor is using estimates of the frequency response functions (FRF estimates) to
identify the system poles by curvefitting a model on all FRF estimates simulta-
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neously. By using stabilization charts the system poles are divided intd phys
cal poles and mathematical poles. It will be shown that the LSCF estimator is
not able to identify the modes corresponding to the closely space poles at low
frequencies. In the proposed method the estimates of the so-calledteharac
istic loci (CL) will be used to identify the poles instead of the FRF estimates.
The CL estimates are just the eigenvalues of the FRF estimates evaluated at
the same frequencies as the FRF estimates. The eigenvalues can be chlculate
only if the system is square, which means that the number of inputs and out-
puts is equal. In many controlled structural dynamic systems this requirement
is fulfilled. CL are normally used for checking the stability of multivariable
systems based on the generalized Nyquist stability criteB@h [The advan-

tage of the proposed method, which will be referred to as the CL estimator,
is that, while usually each mode appears in multiple FRF estimates as a peak,
it appears in only one of the CL estimates as a peak (if there are more modes
than CL, each of the CL estimates may show multiple peaks). In this way,
modes with closely spaced poles can be separated from each other apst-the
tem poles can be found by curvefitting a model on each of the CL estimates.
Stabilization charts are then used to divide the system poles into physical pole
and mathematical poles.

Once the physical poles have been found, a state-space model sdderiv
the second step using the poésidue form as described ifi][ In that refer-
ence state-space models are derived for receptance transfer figr(digplace-
ment response due to force excitation). In this paper the framewogkisfdx-
tended to derive a state-space model describing accelerance tfanstans
(acceleration response due to force excitation), which is a non-trieiaat
tion. Therefore it has to be assumed the system is proportionally dampied. Th
assumption can often be fulfilled in practice. The proposed method to derive
a state-space model describing accelerance transfer functtbeis diom the
one described ing(], since that method requires subspace identification and
a non-linear optimization algorithm to enforce several constraints reqtared
derive these accelerance transfer functions. The method descriped ne-
quires long calculation times, whereas the proposed method is very fast.

In the third step, a reduced order mass-dampirnfpastss model can be
derived from the identified state-space model, provided that the system co
tains some collocated actuator-sensor-pairs. Therefore, the methsmibdd
in [1,3,35] are combined. The obtained reduced mass, damping dfitest
matrices can be used for example to design the modal controller in chapter
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6.2 Outline

The system identification method described in this chapter involves three major
steps. It is used to satisfy two goals. The first goal is to have an identificatio
model available describing the dynamics of the demonstrator setup of the six-
axes active hard mount vibration isolator. It can be compared to the flexible
body model derived in chapté&rand it can be used to assess closed loop sta-
bility. The second goal is to identify the reduced mass, damping affidests
matrices that are used to design the modal controller in ch@pter

The three-steps system identification method requires that FRF and CL esti-
mates are available. Therefore, in sectio®a method is described how FRF
estimates can be derived from measurement data of the six-axes active ha
mount vibration isolator. From the FRF estimates the CL estimates can be cal-
culated. The FRF and CL estimates are used as an identification model suitable
for comparison purposes, in order to satisfy the first goal

The first step of the system identification method is presented in séction
The CL estimator is used to curvefit a discrete-time model on each of the CL
estimates. From these models, the system poles can be identified. It is shown
how to distinguish between physical poles and mathematical poles, and how
to compensate for physical poles that are due to non-structural dynduorics
example actuatgsensor dynamics or delays. A list of the individual steps is
given.

The second step of the system identification method is presented in sec-
tion 6.5. First, the polgresidue form as described ifi][is obtained using the
identified physical poles and the FRF estimates. Next, thengsidue form is
converted to a state-space model describing accelerance transféorign

The third and last step of the system identification method is the deriva-
tion of the reduced mass, damping andfstiss matrices from this state-space
model used to satisfy the second goal. The individual steps that arieegqu
are described in sectidh6.

Section6.7 presents an illustrative example of the proposed system identi-
fication method using experimental data of the six-axes active hard mount vi-
bration isolator. The identified poles using the CL estimator will be compared
to the identified poles using the LSCF estimator frath A short discussion
is given in sectiorb.8. In section6.9the dynamics of the identification model
is compared to that of the flexible body model described in cha&pter

Throughout this chapter it is assumed that the system is squarenwighuts
andm outputs and, unless otherwise stated, with exclusively force excitations
and acceleration responses for the inputs and outputs respectivedyprdh
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posed system identification method is illustrated with some figures which are
obtained with experimental data from the six-axes active hard mount vibratio
isolator.

6.3 Frequency response function estimates

This section describes a method to obtain FRF estimates for a structural dy-
namic system from (open loop) measurement data. The method is adopted
from [65] and is summarized in subsecti@3.1 The use of this method
results in avoiding leakagedtects and minimizing the variance of the FRF es-
timates. The FRF estimates are used to calculate the CL estimates as is shown
in subsectior6.3.2 The CL estimates are used to identify the system poles in
section6.4. The FRF estimates will be used again in secBdhto derive the
state-space model.

6.3.1 The estimation method

The structural dynamics of the square system is assumed to be given by

y(t) = G(q)u(t) + v(t), (6.1)

whereG(q) is them x m multivariable discrete-time transfer operator, with
g being the shift operator, andt) is the measurement noise. The input and
outputs signalsy(t) € R™ andy(t) € R™, are measured at time instamts=
ITs, I =1,..., N, with sample timeT.

To avoid leakageféects the input signal(t) is assumed to bblp-periodic
and an integer number of perio&sof the steady state response is collected,
giving N = PN, samples for each experiment. The discrete Fourier transform
(DFT) of the input signal reads

_ i N jwlTs
U(ws) = m;u(ns)é : (6.2)

where only theN, frequenciesvs = (2rf)/(NpTs), f = 1,..., Ny are consid-
ered. Similar DFTs are obtained for the output sigrigland the measurement
noisev(t). Giving periodic data, the following linear mapping holds

Y(wr) = G(E“T)U(wr) + V(wr), (6.3)

whereG(€«Ts) e C™M js the FRF matrix. To extrads(e“'Ts) from input-
output datam different experiments are needed. The data vectors from
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experiments are collected into matrices where each column corresponds to on
experiment. The input-output relation can then be written as

Y (wr) = G(E“T)U(wr) + V(wr), (6.4)

whereY (wt), U(wt), V(wr) € C™™M. If U(wr) has rankm, an estimate of
G(e«1Ts) is given by the well-known testimator

G (@“™) = YR (wn)U(wn)[U(@)U(wn] ™, (6.5)

where (Y denotes complex conjugate transpose. Due to the noise, this esti-
mate will contain errors. The Hestimator is the best estimator if the output
noise is much larger compared to the input noise (which is assumed zero in
this chapter)43].

If the system is excited using an orthogonal random phase multisine signal,
the variance of the FRF estimates is minimiz&d][ A scalar random phase
multisine signal(t) can be written as

X(t) = Y A cosrt + 1), (6.6)
f=1

with amplitudesAs, frequenciesus chosen from the grid @f)/(NpTs), f =
1,...,Np/2 = 1 (N, even), and random phasgg uniformly distributed in
[0, 27). A random phase multisine signal is orthogonal if

U(wt) = X(wt)O, (6.7)

with O an orthogonal matrix and(w¢) the DFT ofx(t) calculated in a similar
way as Eqg. §.2). The optimal matrixO, with constraint§Oy| < 1, is given
by [65] |

Oj = em (-Dk1) (6.8)

Under assumption that the noigf) is white, independent and identically
distributed over then different experiments, the estima®&'(g~1™s) is un-
biased and if the orthogonal random phase multisine signal as ir6Ed).ig
used, the variance of each entry@'i'l(é“’fTS) can be written as

o2 (eiwas): O-\Zﬂii(wf)

Gic MU (wy)?’ (69)

in which 0'\2/,ii (wt) is the output variance for output
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6.3.2 Characteristic loci

The CL estimates can be constructed from computing the eigenvalues from the
square FRF matrix of EqQ6(5) at each excited frequenay;

GHy(@Ts) = B(wi)A(wr) D Hwr), (6.10)

with A A A
A(wr) = diaga(ws), - - -, Am(wt)), (6.11)

in which 2j(w¢) is theith eigenvalue of5"1(é«1Ts) and ®(wy) is the matrix
with the corresponding eigenvector as ttiecolumn. The CL estimates need
to be sorted to obtain traces that are approximately continuous. Therafore
algorithm is used which sorts the eigenvaluggds.1), ..., im(ws+1))T that
are evaluated at frequenay;.1 such that the total distance", Ni(wis1) —
Ai(ws)l is minimal with respect to the eigenvalues (ws), ... , Am(wt))T that
are evaluated at frequenay;. In [14, 37] the sorting of the CL estimates is
discussed in more detail.

Fig. 6.1(a) shows an example of the FRF estimate for one of the six co-
oriented actuator-sensor-pairs of the six-axes vibration isolator. 6F1¢o)
shows an example of the FRF estimate for a non-co-oriented actuator-sens
pair. It is visible that multiple closely spaced peaks are present at lowdreq
cies (7-18 Hz) indicating modes with multiple closely spaced poles, while
many resonance peaks are present in the range 700-3 200 Hz.

Fig. 6.2 shows the six CL estimates of the same system. It is observed that
for each mode only one of the CL estimates shows as a peak (for example the
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Fig. 6.2: The magnitude plots of the six CL estimates of the same system.

six peaks at low frequencies represent the six suspension modeswiliire

tion isolator). Since the number of peaks is larger than six, each of the CL
estimates shows multiple peaks, where each peak appears féerardifre-
quency. If multiple CL estimates show a peak at (approximately) the same
frequency, this means that there are multiple modes with (approximately) the
same resonance frequency. This can be expected in for example symmetric
structural dynamic systems. The used sorting algorithm is capable of rgalizin
CL estimates that, due to measurement noise, are only approximately contin-
uous. This is reflected by the jumps between some of the CL estimates, see
in-between 1 and 10 Hz in Fi§.2 However, it appears that this hardlffects

the estimation of poles.

6.4 CL estimator

In the first step of the system identification method, the CL estimator is used
to identify the system poles from the CL estimates. The individual steps that
are required for this task are listed below.

1. On each of then CL estimates, a discrete-time model, based on a ra-
tional fraction polynomial (RFP), is curvefitted. An RFP is a fraction
of two rational polynomials. The numerator and denominator polyno-
mial are both of orden. Since each mode appears in only one of the
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CL estimates as a peak, the CL estimator requir@d-Ps to identify all
poles.

2. For each of the CL estimates, the fiadents of both polynomials are
found as the solution of a least squares (LS) problem. A constrained on
the codficients has to be imposed, such that one of thehmdents of
the denominator polynomial is fixed to 1.

3. The discrete system poles are calculated as the roots of each denomina-
tor polynomial and converted to continuous system poles. The contin-
uous system poles are separated into stable and unstable poles. Stable
poles are associated with physical poles, while unstable poles are asso-
ciated with mathematical poles.

4. For each of the CL estimates, steps 2—4 are repeatedes for in-
creasing model orders from 1 to The maximum order is set by the
user. Steps 2—4 are repeatedimes for varying the fixed cdicient
of the denominator polynomial. It is shown that by doing these repeti-
tions, the diferences between physical and mathematical poles become
more clear. For each of the CL estimates, the poles are plotted in a
so-called stabilization chart for increasing the model order. The poles
are also plotted in another stabilization chart for varying the fixed co-
efficient. The stabilization charts are used to distinguish between the
(stable) physical poles and the (unstable) mathematical poles.

5. The stabilization charts are also used to distinguish between complex
conjugated pole pairs, which are associated with structural dynamics,
and real poles, which are associated with non-structural dynamics, for
example actuatgsensor dynamics. It is shown how the FRF estimates
can be compensated for poles due to non-structural dynamics as well as
for delays.

6. The final step is that for each of the CL estimates the stable complex
conjugated pole pairs are kept, resulting in a total numbeyofom-
plex conjugated pole pairs. After sorting, thg resonance frequencies
andn,, damping ratios are calculated from thg complex conjugated
pole pairs, corresponding tm, identified modes. In the next section,
these are used together with the compensated FRF estimates to derive
the state-space model.
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Step 1. RFPs

The CL estimator uses a discrete-time model, which is based on an RFP,
to be curvefitted on each of the CL estimates. The formulation is similar

to the LSCF estimator described i, [L1,62]. The LSCF estimator uses a
common-denominator model to be curvefitted on all FRF estimates in a least
squares sense. Since all FRF estimates are used simultaneously, the common-
denominator model is able to identify all poles in one shot. The CL estimator
requiresm RFPs to identify all poles. Each RFP is expressed as

~ Ni(wr) Xl Qi(wi)Bi
- Di(wf) - Z|n:o Q(wt)ail’

fori=1,...,mandf = 1,...,n; the index of the excited frequencieg, and

Bi are the real-valued céiicients of the denominator polynomiBj}(w+¢) and
numerator polynomiaN;(ws), that are to be estimated and are both of order
n. Several choices are possible for the polynomial basis func€pfas). For

a discrete-time model, the functiog)(w;) are usually given by (ws) =
g« put a better choice is to use

AR (wy) (6.12)

Q(wg) = @r@i/edTs (6.13)

with ws = wp, Ts/m a scaling factor andy, the highest excited frequency.
With the latter choice, the FRF data is projected inztdmmain in the interval
[0, 7), instead of only a part of it. This improves the numerical conditioning
of the equations and only system poles in the rangeQ will be identified.
Replacing the modelR ™ (w¢) with the estimatel (wy) of Eq. 6.11) allows to
rewrite Eq. 6.12 as

Z Qi(wt)Bil — Z Qi(w)Ai(wr)ail ~ 0. (6.14)
=0 =0

Eqg. 6.19 can be weighted with a frequency-dependent funciéfas). The
guality of the estimation is often improved using adequate weightifig [

Step 2. LS problem

Since Eq. §.14) is linear in the parameters, it can be reformulated as

B; Al {g'} ~ 0, (6.15)
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with
Bi = (Bio, it - > Bin) " @i = (aio, i1, - .., i)',
ol Ao
=1t A=1
Bi(wn) Ai(wn)

Bi(wf) = Wi(wr)(Qo(ws), Qu(ws), ..., Qn(wt)),
Ai(wt) = —Bi(wt)di(wr).

HereinJ; = [B; Aj] is the (complex) Jacobian matrix of the least squares
(LS) problem withn; rows and 26 + 1) columns. To solve the LS problem,

the normal equations have to be constructed from the Jacobian matrix. Real-
valued cofficients are obtained if the Jacobian matrix is transformed to a real-
valued matrix. This can be formulated HsJre = Re@"J) or

{'Bi} ~ 0, (6.16)

a;

Hi T
FiT Aj

with Hi = Re®!'B;), I = Re®/'A)), andA; = Re(AA;). Elimination of the
Bi = —Hi_lri(li yields
(Ai ~TTH )i ~ 0, (6.17)

or Liej ~ Owith Lj = Aj — ITH;'I. The size of the square matriy is
n+ 1 which is smaller than the original normal equation E31§. To obtain
a nontrivial solution, a constraint has to be imposed on théficants to be
estimated.

In[11] it is suggested to set the last ¢beient ofa; to 1 (i.e.ajn = 1). This
leads to stable physical poles and unstable mathematical pole&,l5ém fhe
details on this observation. The LS solution of Bg§1() is given by

oS {—[Li(l 'n1: n)]l‘lLi(l ‘n,n+ 1)}' (6.18)

There exisin + 1 different LS solutions depending on which ffagent of o;

is fixed. In [L1] it is demonstrated that by varying the fixed @bgent from

the lowest cofficient (zjg) to the highest cdécient (in) the mathematical
poles tend from stable to unstable, while the (stable) physical poles remain
unchanged. Hence, setting, = 1 facilitates the distinction between physical
and mathematical poles.
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Step 3. System poles

The discrete system poles corresponding toitheCL estimate can be cal-
culated as the roots of the denominator polynomial withfioccientsa; from
Eq. 6.18. Each discrete system pqhﬁ‘sc can be transformed to a continuous
system polegp$°™ by the transformation

w .
peont T—zln(pﬁ's<3, (6.19)

where scaling factotws is needed to correct for the mapping®(ws) =
grwr/esTd of Eq. (6.13 has been used for the polynomial basis functions in-
stead ofQ (wy) = d™/T9,

Step 4. Stabilization charts

The continuous system poles can be plotted for increasing the modelmeder
so-called stabilization chart. The computation of the poles for each model or-
der can be done in arfficient way by solving Eq.§.17) for submatrices of ;,

see pZ] for details. The continuous system poles can also be plotted for vary-
ing the fixed co#icient (i.e fromejp = 1 to ain = 1), see Figs6.3and6.4 for

an example of both plots. Stable and unstable complex conjugated pole pairs
are indicated with a blackH) and a red -} respectively, while a black (o) and

a red (o) indicate stable and unstable real poles. In agreementMitht [s
visible that physical poles are stable and their frequency locations remain u
changed for varying the model order or for varying the fixedfitcient, while
mathematical poles are unstable and tend to scatter around in the stabilization
charts. This is best visible for the complex conjugated pole pairs. Foragach
the CL estimates, the stable continuous system poles are kept. If dested, “a
cidentally stable” poles can be deleted by the user or “accidentally unstable”
poles can be kept. Ir6p] an alternative method is presented to automatically
select the poles.

Step 5. Non-structural dynamics

It is assumed that all complex conjugated pole pairs are due to the structural
dynamics (each pole pair corresponds with one resonance freqardayne
damping ratio). Stable real poles could be present as well, but in gehesal
are due to the non-structural dynamics, for example actisatosor dynam-
ics [6], hence the FRF estimates do not represent a system with true force ex-
citations and true acceleration responses. If the same type of actsense
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Fig. 6.3: Stabilization chart for the CL estimator with varying model orders, the polesnly
shown for every second model order.
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Fig. 6.4: Stabilization chart for the CL estimator with varying fixed denominatoffacients,
the poles are only shown for every second model order.

is used for all inputs and outputs, each actyatrsor pole should be present
mtimes at approximately the same frequency. To let the FRF estimate repre-
sent a true structural dynamic system, it is suggested to compensate the FRF
estimates for these real poles (e.g. by using an average value of tpelesl
In a similar way, the FRF estimates can be compensated for delays by adding
a integer number of delays such that the phase angle of the compensé&ted FR
estimate is always (approximately) a multiple of 180

The compensateith FRF estimate reads

n real

. " NI Jot + P~

Gickomp(é fTs) — G;'(l(el fTs) § pTallé fTSnd, (6.20)
1=1 |
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Fig. 6.5: Uncompensated FRE(€“Ts) (gray line) and compensated FRE™ (& Ts)
(black line).

in which n, andng are the number of real poles and delays respectively, with

real Z preaI. (6.2 1)

Fig. 6.5 shows an example of an uncompensated FRF estimate and a FRF in
which is compensated for an actuator pole located at 331 Hz and one iielay.

is observed that the phase angle of the compensated FRF estimate is always
(approximately) a multiple of 180

Step 6. Resonance frequencies and damping ratios

From the total number afi,, continuous complex conjugated pole pairs that
are kept and sorted thg, damping ratios and,, resonance frequencies are
calculated:

Re(pcont)
b=~ |pg|02,iﬂl : wi = |5l (6.22)

These correspond tay, identified modes. In the next section the resonance
frequencies and damping ratios are used to derive a state-space model.

6.5 Derivation of a state-space model

The second step of the system identification method is the derivation of a state-
space model. Therefore several steps are involved:



6.5. Derivation of a state-space model 85

1. The equation of motion describing the dynamics of a structural dynamic
system can be written in the modal decoupled form if proportional damp-
ing is assumed. Itis shown how this form can be written in the so-called
poleresidue form.

2. A model having the structure of a pgkesidue form is being curvefitted
on each of the compensated FRF estimates. The poles are already known
(the resonance frequencies and damping ratios are available from the
previous section) and the entries of the residue matrices are found as the
solution of a LS problem.

3. By the choice of the structure of the potsidue form and by calculating
a rank one approximation for each of the found residue matrices, the
poleresidue form can be converted to a state-space model describing
accelerance transfer functions.

4. If desired, the state-space model can be extended with the identified rea
poles and delays to include non-structural dynamics.

Step 1. Polg¢residue form

Although the dynamics of the system has been considered to be a discrete
system in the previous sections, the underlying dynamics is assumed to be that
of a structural dynamic system which is described by

Md(t) + D) + Ka(t) = Bu(t),
y(t) = Cq(t). (6.23)
Herein,M, D andK represent the mass, damping andfiséiss matricesq is
the vector of theny, degrees of freedom (DOFs) of the systams the input
vector consisting of the excitation forcesis the output vector containing the
measured acceleratiorBandC are the input and output matrices which relate

the actuator forces and accelerations to the DOFs.
If M is non-singular, pre-multiplying Eq6(23 by M1 gives

() + M~IDg(t) + MK q(t) = M~1Bu(t). (6.24)
Assuming thaD represents a proportional damping matrix, substituting the
modal transformatiom = Pzinto Eq. 6.24 and pre-multiplying byP~* re-
sults in the modal decoupled equation of motion

2(t) + EZ(t) + Q°z(t) = PIMIBu(t),
y(t) = CPZ), (6.25)
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in which P is the real-valued modal matrix corresponding to the eigenvalue
problem ofM~1K, E = diag¢s, -+ ,é&n,), @ = diagwsy, - ,wn,), andg =
24w. ¢ andw are the damping ratio and resonance frequency dtthmode
respectively. Thdth column ofP is the corresponding normal mode shape
vector.

The modal decoupled equation of motion of B§,25 can be expressed in
the Laplace domain as

(In, & + Es+ Q2)Z(s) = PIMIBU(s),
Y(s) = —CPSZ(s). (6.26)

This can be rewritten to

Nm . —1In-1p/-
Y(S):Z SCP(, HPIM1B(., 1)

£+ 2w S+ a)|2 v(s). (6.27)

=1

whereCP(., 1) is thelth column of matrixCP andP~*M~1B(;, ) the Ith row
of matrix P~IM ~1B. These vectors form a dyadic matrix, the residue matrix,
such that Eq.&.27) can be written in the so-called pglesidue form

3 om 82R| B
Y(s) = l; T wIZU(s) = Gpr(9U(9). (6.28)
with
3 o &R,
Gpr(S) = ; L+ 2L w S+ a)lz’ (6.29)
and
R = CP(, )P IM~IB(, ). (6.30)

The model of Eq.§.29 is the correct poleesidue form to describe acceler-
ance transfer functions.

Step 2. LS problem

Since in a causal system the input and output matBaesdC, the mass matrix
M and the normal modal matri® are all real-valued, the residue matri¢gs
are real-valued as well. The real-valued ffiméents of these residue matrices
can be estimated by solving for each FRF estimate a LS problem using, the
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identified resonance frequencies and damping ratios from@&22d(and the
compensated FRF estimates of E§20):

lik,1
Re@)] | fik2 ReGX™) _
[Im((l))] N {Im(ézckom ~0, (6.31)
Fik.
with fy | theikth coeficient of R, and
®(w1) Gy (enTs)
_ D(wy) é_ckomP: G, MP(gwzTs)
: ’ I : ’
@ (wy,) éickomp(éwnfTs)
®(wi) = (di(ws), do(ws), ..., tny,(wi)),
2
o
d(wf) = —

Wi~ a)? +j2hwws

Using the compensated FRF estimates usually results in better estimates
of the residues that using the original FRF estimates, since all non-salctur
dynamics has been filtered out. The compensated FRF estimates should have
a phase angle which is always a multiple of 18@nce no phase lag because
of first order filters or delays may occur.

Step 3. State-space model

The estimation method of the residues using Ex31) has been adopted
from [6], however in this reference additional residual terms have been used
to correct for out-of-band modes. Although the use of residual ternus lea
results in a better prediction of the frequencies of the anti-resonantessl &

to a diferent structure of Eq6(29, hence it no longer represents a true ac-
celerance transfer function, particularly at very low and very higfeacies.
Therefore, the use of residual terms has been omitted in this chapter. Hbte th
Eq. (6.3) can only be used under assumption of proportional damping. The
derivation of a state-space model describing accelerance transtdiofus in
case of non-proportional damping is not straightforward, since itiresja
poleresidue model with &, first-order polynomials in the denominator in-
stead oiny, second-order polynomial§]|
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From Egs. 6.27) and 6.28 it is observed that the true residue matrices
should be dyadic, i.e. the product of a column vector and a row vectds so
rank should equal one. A singular value decomposition can be used to obta
a rank one approximation of the estimated residue matrices.

R
ﬁz11

U|):|V;r,
Ui, DonViG, )T, (6.32)

whereX; = diag(1,...,o01m) the singular values. Her&,; is the best rank
one approximation oR). Introducing the notation

B(l,:) = Vo (Vi(, 1)), CGI) = vouui(,1),  (6.33)

leads to the estimatés for PM~1B and C for CP. This constraint on the
residues is called minimality6]. The columns ol are (the observable parts
of) the mode shapes, while the rowsfare called the participation factors.
The estimates become more reliable if the second and subsequent singular va
ues are much smaller compared to the first singular value. If an identified
resonance frequency has a multipliaify> 1, also the second and subsequent
singular values and the corresponding columng,andV, have to be used to
construct then observable parts of mode shape and participation vectors for
that pole. However, the resulting columns@fwill be an (unknown) linear
combination of the true observable parts of the mode shapes.

If the true system represents a collocated (or reciprocal) system, the true
residue matrices are symmetrig].[ To force the identified residue matrices
to be symmetric, the symmetric parts of the residue matrices could be used to
determine the singular values

(Ri+RN/2=Ux V], (6.34)

such thatJ, = V.
From Egs. §.29 and .33 a state-space model can be derived with actuator
forces as inputs and the measured accelerations as outputs:

Xsf(t) = AssXsd(t) + Bssu(t),
Y(t) = CssXsqt) + Dsgu(t),

or
Gso(S) = Cso(Sl 2n,, — Asd "Bss+ Dss (6.35)
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with

0 I 0
Ass— [ 92 _:nm}y Bss:[é]>
CSS = I:—CQZ —éE:I 5 DSS: [éé]

Step 4. Including non-structural dynamics

If desired the state-space model B§.35 can be extended with the identified

real poles
pIreal

Gee™s) = ss(s)z S (6.36)

and, after converting from the continuous domain to the discrete domain using
the zero-order-hold transformatiodq], the identified delays
uncomptéwas) uncomp(ewas)e waTsnd (637)

disc

can be added tG& . (&™) which is the discretized transfer function of

SHAC)
6.6 Reduced mass, damping and $fhess matrices

In the third step of the system identification method the reduced mass, damping
and stifness matrices will be derived from the state-space model ofdE2p)(
The expression “reduced” is used since the number of sensors ¢ a
tors)mis in general smaller than the number of identified maggs

The presented method is based on a combination of the various methods
described in ] and [3, 35]. It uses a partition of the modal matrX that is
available from the derived state-space model. The methods describedén the
references all have some limitations. Refereridaq only usable ifP repre-
sents a mass normalized modal matrix. Unfortunatelg not directly avail-
able being scaled as a mass normalized modal matrix3] la yvay of scaling
P is described, but only for the case= n,,. Reference35] only provides for
the reduced sfiness matrix. Since none of these references present a method
to derive the reduced fithess matrix as well as the reduces mass and damping
matrix for a state-space model with the structure of B3% and for the case
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m < N, the methods in]] and [3, 35 need to be combined. In this section,
the combined method is described.

The various steps required for obtaining the reduced mass, damping and
stiffness matrices are listed below:

1. Itis shown that modal matrik consists of an observable partitiBgand
an unobservable partitioR,. It is assumed that there are one or more
collocated actuator-sensor-pairs and it is assumed that the observable
parts of the input and output matrices are invertible and are known.

2. An arbitrary scaled modal matriR can be converted to a mass scaled
modal matrixQ by introducing an (unknown) diagonal and invertible
scaling matrixT. Modal matriced® andQ contain the same eigenvec-
tors although dferently scaled. MatriXd can be solved for, using the
input and output matrices of a collocated actuator-sensor-pair that are
available from the state-space model of E§3f. OnceT is known,
the observable partition of the mass normalized modal ma@ix,is
calculated using again the input and output matrices available from the
state-space model of Ed.85.

3. UsingQ, and submatrices of the state-space model of ERY, the
reduced mass, damping andfstess matrices are calculated similar as
in [1].

Step 1. Observable partition of the modal matrix

Assume that the identified model of E§.85 and the true model of Eg6(23
represent the same structural dynamic system and that there is at least on
collocated actuator-sensor-pair. This means that actuatod sensor are
attached to the same DOF. Sinoe< ny,, only m DOFs of the total number of

N, DOFs can be observed and controlled. Therefore, D@QREQ. (6.23 can

be partitioned into a set (0) ofi DOFs that are observed and controlled, and a
set (u) ofn, — m DOFs that are not observed and not controlled. This means
that the true input and output matridsndC can also be partitioned a3][

C:[Co Cu], B=

Bo
Bu] : (6.38)
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where the unobservable parts have to be zero. HEgee 0 andB, = 0, such
that the output is given by

() = €0 Cul {0} = Cattt (6.39)

MatricesB, andC, have to be square. Since these matrices describe the geo-
metric relation between DOFg, and the input and output respectively, it can

be assumed that these matrices are invertible and are known. This is a geo-
metrical relation, so the assumption is easily fulfilled in many applications. In
addition, the transformatiog = Pz can be partitioned as

{gzgg} - [Eﬂ A1), (6.40)

whereP, andP, are partitions of the eigenvectors at the observed and unob-
served DOFs, respectively.

Step 2. Observable patrtition of the mass scaled modal matrix

In Eq. (6.25 P is the modal matrix containing the eigenvector#/of'K . Since
the eigenvectors can be arbitrary scaled, it is allowed to define

Q=PT, (6.41)

whereT = diagti,...,t,,) is a (unknown) diagonal and invertible scaling
matrix such tha@ contains the same eigenvectordPagxcept the columns of
Q are scaled dierently. The same partition as in E§.40 can be used foD.

If a mass normalized scaling @f is used, which means th& is scaled such
that

Q'KQ = 97, Q'DQ =g, Q'MQ =1y, (6.42)
the input matrixP~M ~1B and the output matri€P of Eq. (6.25 can be writ-
ten as

P™M™B = TQ™QQ[Im 0]"Bo = TQ;B,
CP = Co[lm 0]QT % = CoQoT %, (6.43)
whereQ, is the partition ofQ at the observed DOFs similar as in E§.40).

The identified approximation8 for P-*M~1B and C for CP of Eq. (6.33
result in

B=TQsBo = Q) = T 'BB.", (6.44)
C =CoQoT ™! = Q= C;CT. (6.45)
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The unknown scaling matrik can be solved for one of the collocated actuator-
sensor-pairs using Eg6.44) and Eq. 6.45:

C51C(i,)T? = B, BT(, ). (6.46)

For atrue collocated system, E§.46) should result in the same valueDfor
all actuator-sensor-pairs. In practidecan be obtained by taking the averdage
over all all actuator-sensor-pairs. Ontcés known the observable partiti@py
of the mode shape matrix can be calculated from either@&d4yor Eq. 6.45.
The interested reader is referred #for more information about this method.
Note that if symmetrical residue matrices as in Eg3{) are used to estimate
the input and output matrices from E§.83, andC, = B!, the left and right
singular values are identical, hente= diag(11, . . ., 0ny,1)-

Step 3. Reduced order matrices

In [1] it is explained that if the mode shape matrix is scaled according to
Eq. (6.42 and that the observable partitidp, of the mode shape matrix,
eigenvalue matrix2, and modal damping matri® are known, the reduced
mass, damping and fftiess matrices can be calculated. These matrices are
identical to the so-called Guyan reduced mass, damping affidests matri-
ces. These are obtained if the forces associated with the not obse®@fesl D
qu(t) are set to zero, while the forces associated with the observed Q§pdFs

are kept, see sectidh4and [L7]. The reduced matrices read

K = [QoQ7%Qg] ™, (6.47)
D = KQ,Q?2Q?Q/K, (6.48)
M = KQ.Q*Q!K. (6.49)

There is a sign choice for the square roots when Edgit{ is solved for the
scaling factors inl, however, this does not have anffeet on the identified
reduced matrices3].

6.7 lllustrative example

The presented system identification method is illustrated with the system iden-
tification of the six-axes active hard mount vibration isolator of Bi§.which

is described in the previous chapter. The goals of the system identificagion a
to identify a model which describes the relevant dynamics and to identify the



6.7. lllustrative example 93

reduced mass, #iiness and damping matrices that are used to design the modal
controller in chapter.

Six different experiments were performed. For each experiment, the six in-
put voltages were an orthogonal random phase multisine signal asbdeisicr
section6.3. The signal consisted of 2 136 sines with eachfedgnt frequency
in the range 1-3 200 Hz, the same amplitude and a random phase, and it con-
tainedN, = 2® samples per period. Each experiment contaed5 periods.
Samples were recorded at a sample frequency of 6 400 Hz. The freygged
the multisine signal was linear in the range from about 1 to 120 Hz and ap-
proximately logarithmic above 120 Hz. With this choice of the frequency grid
a high frequency resolution at low frequencies is obtained while the nuofiber
FRF points was limited.

Using the framework described in sectiérB, the FRF estimates and their
variances were calculated as well as the CL estimates. The FRF estimate

égg(ei‘”fTS) (corresponding to a collocated actuator-sensor-pair) and FRF es-

timateGTg(é”fTS) (corresponding to a non-collocated actuator-sensor-pair) as
well as their standard deviations were already shown in Fgg$a) and (b).

The six corresponding CL estimates were presented in6EigThe six peaks

of the CL estimates in-between 7 and 18 Hz represent the six suspensiea mod
of the system. It is visible that the second mode which can hardly be dis-
tinguished from the first mode is observable in a separate CL estimate. The
system has six internal modes around 100 Hz and many more internal modes
above 700 Hz.

From the CL estimates the poles were estimated with the CL estimator by
curvefitting on each of the CL estimates an RFP of order 40 with the poly-
nomial basis functions Eq6(13), see sectio.4 The weighting function is
chosen asVi(ws) = 1/(2rws). With this choice, the emphasis is on a more
accurate identification of the low-frequency poles that correspond teufe
pension modes of the vibration isolator. For the pole estimates, the CL esti-
mates with frequencies up to only 1200 Hz have been used. Although above
this frequency many peaks are present in Big, it is thought that these peaks
do not present relevant information for the goal of the system identifitatio
If CL estimates with many frequencies above 1200 Hz would be included, an
accurate estimation of low-frequency poles becomes mdiieudt, even with
this choice of the weighting function.

Using stabilization charts, the poles were separated into stable physical
poles that were kept and unstable mathematical poles that were remawed, se
Figs.6.3(a) and (b) for the stabilization charts corresponding to the the first CL
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Table 6.1: Identified poles (continued on next page).

CL estimator LSCF estimator
Mode Fregency Damping CL Frequency Damping
(Hz) (%) (Hz) (%)

1 7.0 3.5 6 7.0 3.6
2 7.7 6.4 1

3 8.8 5.6 5 9.1 1.2
4 12.1 6.5 4 13.1 2.4
5 13.2 54 3

6 18.1 8.1 2 18.4 11.9
7 79.9 0.7 6 80.0 0.7
8 83.9 0.6 1 84.0 0.6
9 844 26.6 5

10 109.8 0.2 5 110.2 0.2
11 1141 0.6 3 112.7 0.2
12 127.3 0.3 4 127.9 0.6
13 133.6 0.5
14 182.0 0.0
15 225.1 0.6
16 456.3 1.0
17 658.9 0.0
18 710.0 0.0 2 714.2 0.4
19 748.6 0.8 3

20 753.0 0.2 5 755.4 0.4
21 767.0 2.9 6 777.4 1.0
22 806.5 0.6 1 805.4 0.6

estimate. Based on the visual inspection of all stabilization charts, in total 14
“accidentally” stable poles were removed, and no “accidentally” unstaiiée p
were kept. Each of the RFPs curvefitted on the CL estimates contained one
stable real pole ranging from 264 to 404 Hz. It appeared that incigpésin
model order did not result in a larger number of stable poles or better esdimate
of the complex conjugated pole pairs, however it did have a large influence
the location of the real poles. This is because (poorly damped) complgx con
gated pole pairs had a much larger influence on the fit of the LS estimator than
the real poles.

In total 33 complex conjugated pole pairs and six real poles were identified
using the CL estimator and their frequencies and damping ratios are given in
Table6.1 Their values were compared to the identified poles using the LSCF
estimator of §}]. If the LSCF estimator would have been used with the FRF
estimates for the complete frequency range of 1-1 200 Hz and a modebbrde
80 was chosen, only two of the six poles in-between 7 and 18 Hz, thaser
the six suspension modes, were found at 9.3 and 17.2 Hz, seé.&igTo
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Table 6.1: Identified poles (continued from previous page).

CL estimator LSCF estimator
Mode Frequency Damping CL Frequency Damping
(Hz) (%0) (Hz) (%)

23 813.4 0.5 2
24 826.7 0.4 3 828.2 0.3
25 853.5 0.3 4
26 854.8 0.9 1
27 887.2 14 2 872.8 0.1
28 901.9 0.3 5 904.1 0.2
29 911.4 14 3
30 916.6 0.4 6 931.7 0.1
31 956.7 1.0 4 950.9 0.3
33 960.0 1.3 1
33 961.2 14 3 963.6 0.5
34 1008.7 21 6 10175 11
35 10575 0.3 2 10595 0.2
36 10718 1.0 4 10717 0.9
37 11244 31 5 11322 0.4
38 1178.3 1.3 3 1177.0 1.2
39 263.6 100.0 6
40 313.9 100.0 3
41 323.7 100.0 5
42 331.2 100.0 1
43 349.8 100.0 2
44 403.6 100.0 4

enable the identification of the poles at low frequencies, the FRF data litas sp
into two pieces. First, the poles at low frequencies were identified using the
FRF estimates in frequency range of 1-200 Hz, thereafter the poleshat hig
frequencies were identified using the FRF estimates in the frequency range
200-1 200 Hz. The two sets of poles are displayed in one stabilization chart,
see Fig.6.7. The combined set of identified poles is also given in Table

For both data sets, a model of order 80 was curvefitted.

It is observed that both estimators identify approximately the same frequen-
cies for most of the poles. Theftirences in identified damping ratios were
larger, but this was probably due the low values of the damping ratios. The
LSCF estimator was able to identify some additional poles in the frequency
range in-between 130 and 650 Hz. These are poles which were identified
as (unstable) mathematical poles using the CL estimator. However, it could
be doubted whether some of these with the LSCF estimator identified poles
should be considered as mathematical poles as well, see for example the poles
at225.1 and 456.3 Hz in Fi§.7. This was also illustrated by the plot of the CL
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Fig. 6.6: Stabilization chart for the LSCF estimator with FRF estimates ranging from 1 to
1200 Hz, the poles are only shown for every fourth model order.

estimates in Fig6.2, where it is visible that these poles do not result in poorly
damped peaks. The LSCF estimator was able to identify only four of the six
poles corresponding to the suspension modes, whereas the CL estimator ide
tified all six poles. For the LSCF estimator, the pole at 9.1 Hz is considered
as an “accidentally” unstable pole, and therefore marked WjtHr{ addition,
the CL estimator identified a pole at 84.4 Hz with an unrealistic high value of
the damping ratio. It can be doubted whether this is a true structural dynamic
pole. The LSCF estimator was also not able to identify all poles in-between
700 and 1000 Hz, which are also closely spaced. Analysis of the vibration
isolator revealed that these poles could be associated with structurahidgna
within the actuators (due to the wire flexures). The LSCF estimator identified
no real poles. It is concluded that both estimators can be used to identify the
system poles, however the CL estimator outperforms the LSCF estimator in
case of multiple closely spaced poles.

In the plot of the phase angle of the FRF estimates in Bid¢a) and (b), it
is observed that above 100 Hz the systelffiesa from some phase lag. This is
due to the presence of the real poles and some delays in the system. Analysis
of the system revealed that the real poles were due to the inductance of the
voice coil motors in the actuators and that the used electronics introduced a
delay of about one sample time. By compensating the FRF estimates for the
real poles by using Eq6(21) with the average value of 331 Hz and for the
delay, the compensated FRF estimates were assumed to reflect only sktructura
dynamics. This can also be concluded from F¢h since the phase angle
of the compensated FRF is always a multiple of °18@ is visible that the
collocation between actuator and sensor was lost above 900 Hz, sioee ab
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Fig. 6.7: Stabilization chart for the LSCF estimator with FRF estimates ranging from 1 to
200 Hz (left side of the vertical line) and FRF estimates ranging from 20D2@0 Hz (in-
between the vertical lines), the poles are only shown for every fourtteharder.

that frequency the phase angle is no longer in-between 0-4®@. The
implication of this is discussed below.

In a next step, for each of the 36 compensated FRF estimates the residues
were calculated using E¢6.31). From the residues, the residue matrices were
constructed for each of the complex conjugated pole pairs that wereakeid,
rank one approximation was computed using a singular value decomposition.
No poles with multiplicity> 1 were present, so the second and subsequent
singular values were not needed in the calculation. The symmetry constraint
Eq. (6.39 on the residue matrices was not used. The continuous state-space
models for the compensated and uncompensated FRF estimates were calcu-
lated using Eqs.6.35 and 6.36). The discrete state-space model including
the one delay was computed from E§.37).

Figs.6.8(@) and (b) show the (uncompensated) FRF estimates obtained with
the H-estimator (red lines) oGHl(e““fTS) for a collocated actuator-sensor-
pair andGHl(e‘“’fTS) for a non- coIIocated actuator-sensor-pair as compared to
the FRF computations of the discrete state-space model of6ERy) (blue
lines). It is observed that the model fit for the collocated FRF seems slightly
better than for the non-collocated FRF. This is because the non-collocated
FRF GHl(e"”fTS) is more noisy below 5 Hz compared to the collocated FRF
GHl(e“”f s). This makes the non-collocated FRF estimate less reliable and
therefore it becomes morefficult to fit a model on that FRF. The signal-to-
noise ratio is also lower (compare the distance between the FRF estimates and
its standard deviation). It is visible in Fi§.8(b) that the pole-residue model
of Eq. (6.29 (black lines) fits slightly better than the state-space model fit of
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Fig. 6.8: FRF estimateég'g(ei“fTS) of a collocated actuator-sensor pair aﬁ@(é“f“) of
a non-collocated actuator-sensor-pair (red lines) and their stan@ardtidns (gray lines),
poleresidue model fits of Eq.6(29 (black lines), state-space model fits of E§.37) (blue
lines) and reduced state-space model fits (green lines).

Eq. 6.37). Note that the pole-residue model has also been compensated for the
identified actuator pole and the delay. The worse fit of the state-spacé imode
the price that has to be paid for using the rank one approximation of theieesid
matrices instead of using the full residue matrices. The fit below 130 Hz is still
good. Since Fig6.8(b) shows one of the few worse fits of all 36 FRF estimates
and the fit of Fig6.8(a) is excellent, it is concluded that the discrete state-space
model of Eq. 6.37) fits the FRF estimates well. It is also concluded that the
model represents accelerance transfer functions since the slopeaespioase

at low frequencies is40 dB/decade. The state-space models can for example
be used for (closed loop) simulations but also to check the (observatiteopa

of the) mode shapes which can be computed from €83

As already was observed in Fig1(a), the collocation between actuator and
sensor was lost above 900 Hz. Analysis of the system showed that thdusa
to the limited axial sffness of the wire flexures that are mounted between each
voice coil actuator and the corresponding accelerometer, seé.Eiglt was
also analyzed that the observed and controlled Dggere due to the flexible
membranes in the mounts, so these DOFs can be associated with the suspen-
sion modes. This means that DOgs appear at low frequencies20 Hz),
while the DOFs due to the flexure fftiess, which are associated with the loss
of collocation, appear at much higher frequencie800 Hz). Because of the
large separation of frequencies, the loss of collocation will handigcathe cal-
culation of the reduced mass, damping anffretss matrices, since these will
represent the system’s suspension dynamics only. It is assumed thaDEse D
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o are in the axial direction of the mounts. Since the actuators and sensors also
actuate and sense in the axial directions of the mounts, both input and output
matrices have to be identity by geometric relatioBs:= C, = I m. Using the
framework of sectior6.6 the reduced matrices were calculated. To check if
these matrices represent the suspension dynamics a reduced statexsdat

was calculated as

Xred(t) = AredXred(t) + Brequ(t),
Y(t) = CredXred(t) + Drequ(t), (6.50)

with

0 Im 0
A = — _ 1 —_1=|> B = — y
red |:_M 1K _M 1D] red |:M 180]
Cred = [-CoM ™K —CoM~D|, Dred = [CoBo)-

The FRF estimates were also computed for the reduced model and shown in
Figs.6.8@) and6.8b) (green lines). It is observed that the fits for low fre-
guencies are good. Hence, the reduced mass, damping findsstimatrices
represent the suspension dynamics and can be used to design the amedal ¢
troller in chapte or to check the suspension mode shapes.

6.8 Discussion

Although the derivation of state-space models is done for acceleraticaidran
functions, the presented framework can also be used for receptancabd-
ity transfer functions (displacement or velocity response due to forcigaex
tion, respectively). Therefore, th& in the output of Eq.§.26 and in the nu-
merators of Eqs.6.27)—(6.29 has to be replaced with 1 arsdfor receptance
and mobility transfer functions respectivelyw% in the numeratod(ws) of
Eq. (6.31) has to be replaced with 1 and respectively, and the matric€ss
andDss in Eq. (6.35 have to be replaced wittC[ 0] and [0 C] respectively
andO.
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Fig. 6.9: The magnitude plots of the six CL estimates of the system with force response

6.9 Comparison between identification and model

If the FRF estimates are compared with the FRF estimates of the accelera-
tion responses due to force excitations for the flexible body model describ
in section5.3, it is observed that the model FRF estimates resemble the FRF
estimates well. This is for example visible by comparing F&4(a) and (b)

to Figs.5.5a) and (b) respectively. Except for smaltfdrences in damping
ratios and small mismatches in the frequencies of the resonance peatkd arou
100 Hz, the FRF estimates and the modeled FRF estimates fit well for fre-
quency up to 200 Hz. Since th&ects of actuator dynamics and delays (see
chapter4), and high-frequency structural dynamics of the payload have not
been included in the model, theffdirences between both sets of figures be-
come larger above 200 Hz. If the CL estimates of Big.are compared with

the modeled CL of Fig5.6, the same trends in the CL up to 200 Hz can be
seen in both curves.

In this chapter, the force responses due to force excitations are @dt us
for the system identification. However their FRF and CL estimates are also
determined. The CL estimates are shown in Bi§. If this plot is compared
with the plot of the modeled CL of Figh.7, it is observed that both plots are
alike, except for small dierences in the low-frequency gain levels. These are
due to errors for the values for the parasiti¢fatiss in the model.

By calculating the reduced finess matriK and mass matri¥, the modal
matrix P, can be calculated using E&.27). With the transformation matriiR
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Table 6.2: Modal matrix®, and resonance frequencies.

70Hz 7.7Hz 87Hz 12.2Hz 13.2Hz 18.1Hz
x -0.09 0.18 0.07 -0.01 0.03 0.02
y 0.14 0.08 0.10 -0.04 -0.01 0.00
z 0.05 0.06 -0.24 -0.01 0.01 0.01
6, 0.51 0.95 -0.06 0.99 -0.20 0.07
6, 084 -0.09 0.86 -0.08 0.96 0.20
6, 0.00 -0.23 042 -0.06 -0.22 0.98

of Eq. 6.1) as defined in sectiob.2, the normal mode shapes can be expressed
in terms ofxef @s modal matrix®, using Eq. 6.29. Table6.2 shows these
mode shapes, which are quiet similar to the modeled mode shapes obTable

6.10 Conclusions

A novel three-steps method for the system identification of square stalictur
dynamic systems is proposed. It is successfully applied to experimental data
from the six-axes active hard mount vibration isolator.

In the first step, estimates of the CL are used for the identification of system
poles. These are obtained from FRF estimates. It is shown that the uge of C
estimates allows to separate modes with closely spaced poles from each other.
A way to distinguish mathematical poles from physical poles is presented and
it is explained how to compensate for non-structural dynamics due to actua-
tor/sensor dynamics and delays. It is demonstrated that the proposed method
outperforms the widely used LSCF estimator for the identification of closely
spaced system poles.

In the second step, a model of the godsidue form is being curvefitted on
each of the FRF estimates. It is shown that this model has the correct struc-
ture to identify a state-space model describing accelerance transétiohs
Therefore, proportional damping has to be assumed.

In the third step the reduced mass, damping arfthess matrices are ob-
tained. It is shown how these matrices can be calculated if there is at least on
collocated actuator-sensor-pair.

The main contribution of this chapter is that an identification model is avail-
able describing the dynamics of the demonstrator setup, which can be com-
pared to the flexible body model derived in chapernd that the reduced
mass, damping and fiess matrices can be used to design the modal con-
troller in chapter.
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CONTROL STRATEGIES FOR A 7
SIX-AXES VIBRATION ISOLATOR

Cc

A novel method for designing a modal controller for the six-axes active har
mount vibration isolator is proposed, such that for each suspensior mod
only its suspension frequency and damping ratio but also its mode shape ca
be tuned. The modal controller is based on either acceleration or forck fee
back. It is shown how the modal controller can be used to extend theotontr
strategies of chapte3 that are based on sensor fusion and two-sensor control,
from the one-axis vibration isolator to the six-axes vibration isolator.

7.1 Introduction

In chapter2 the deformation transmissibility is introduced as a measure of
how floor vibrations lead to an internal deformation of the suspended -equip
ment. The RMS value of the internal deformation determines the performance
of the equipment. In many applications the allowable internal deformation
is different for each direction. Since a deformation transmissibility is direc-
tion dependent, a fierent deformation transmissibility for each direction is
required. A diferent transmissibility for each direction is required as well.

An example of such an application is a wafer stepper lithography machine
[20]. Aninternal deformation in horizontal direction leads to a position error of
the image that is exposed on the wafer, while a deformation in vertical direction
leads to a focus error of the lens during exposure. A nanometer agdave!
is required for the position error, whereas the focus error may be mrgdrla
Since in sectior?.1it is stated that vibration levels of the floor in horizontal
and vertical direction are similar, the horizontal transmissibility has to be much
lower than the vertical transmissibility.

Despite all &orts made by a design engineer of a six-axes vibration isolator,
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joystick mode
position error

mounts pendulum mode
(a) Joystick mode of a TEM. (b) Pendulum mode of a TEM.

Fig. 7.1: (a) Joystick mode of a TEM, suspended by a vibration isolator with thraentap
leading to a relatively large position error at the point of accuracy. @mdBlum mode of a
TEM leading to an (almost) zero position error at the point of accuracy.

its suspension modes are often coupled. This is for example the case in a
vibration isolator suspending a symmetric payload with a high center of mass
and a small footprint, such as a transmission electron microscope (TEM). Th

is also the case in a vibration isolator suspending an asymmetric payload, such
as in the demonstrator setup described in chaptdf its suspension modes

are coupled, the transmissibilities are coupled as well. This means that the
transmissibilities show multiple resonance peaks. In combination with a large
modal spread, this may lead to high transmissibilities for some directions.

This chapter presents a novel method for designing a modal controller for
the six-axes active hard mount vibration isolator, in order to decouplests su
pension mode shapes. This means that the transmissibilities can be decoupled
as well. As aresult, lower transmissibilities can be obtained. The design of the
modal controller is such that for each suspension mode, not only itsrsispe
frequency and damping ratio, but also its mode shape can be tuned. Thé mod
controller consists of proportional and integral gain matrices which ae tas
add virtual mass and virtual damping. This is the same control strategy as for
the one-axis active hard mount vibration isolator that is discussed in ¢l&apte
and it is referred to asiode shaping modal control'he possibility of tuning
the suspension mode shapes provides an additional tool for desidaetve
vibration isolators to obtain the desired isolation performance.

Mode shaping modal control can be used for example to tune (some of) the
suspension mode shapes of a vibration isolator suspending a TEM. lypica
two of the suspension modes correspond to rotation around two perpkmdic
axes in the plane of mounting at the bottom of the TEM, see®iga). These
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two modes are referred to as “joystick” modes. Since the point where the
suspended payload needs to have its highest accuracy, the sopmtiedf
accuracy(in this example the specimen port of the TEM) is usually located at
the top of the TEM, the joystick modes lead to a relatively large position error
at the point of accuracy, see again FHdl(a). Therefore it is desired to change
the two joystick modes into two modes that correspond to rotation around two
perpendicular axes which intersect in the point of accuracy, seerHidp).
These two modes are referred to as “pendulum” modes. The penduluns mode
result in an (almost) zero position error at the point of accuracy.

Whereas the control strategies described in chetequire that the mass
of the suspended payload and thdfsgss of its suspension (damping is ne-
glected) have to be known in order to choose the control parameters, mode
shaping modal control requires that the mass, damping affidests matrices
of a model describing the suspension dynamics of the vibration isolator have
to be known. These matrices are available from either the reduced ordeft mo
of section5.4 or the identified reduced order model of sectto With these
matrices the suspension modes of the vibration isolator in open loop can be cal-
culated. The desired suspension frequencies, damping ratios and napes s
of the vibration isolator in closed loop have to be specified as well. With mode
shaping modal control it is possible to obtain &elient suspension frequency
and a dfferent damping ratio for each suspension mode.

7.2 Outline

Mode shaping modal control can be used with acceleration and fordiedele
as well as with sensor fusion and two-sensor control. First, the desite of
modal controller for each of these control strategies is presented. thext,
modeling results are discussed.

In section7.3it is explained how the suspension mode shapes can be calcu-
lated from the mass, damping andftess matrices of a model of the vibration
isolator describing its suspension dynamics. It is suggested to expresssthe
pension mode shapes in terms of the coordinates of a reference frartezlloca
at the point of accuracy, which is the point where the suspended phaysmzals
to have its highest accuracy. In subsecttoB.2it is already shown that the
transmissibilities can also be expressed in therms of these coordinates.

In section7.4 mode shaping modal control for acceleration and force feed-
back is discussed. First, it is explained how the proportional and intggnal
matrices of the modal controller for acceleration feedback can be caldulate
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is shown how the obtained modal controller can be rewritten in order to decou
ple the system’s plant, such that the multiple-input multiple-output (MIMO)
tuning problem reduces to a single-input single-output (SISO) problesra A
result the MIMO (modal) controller reduces to a number of SISO controllers
stored at the diagonal entries of a diagonal controller. The SISO dientrare
used to individually tune the suspension frequency and damping ratichf ea
suspension mode. Additional filtering can be added to each SISO controller
Next, the desired suspension frequencies, damping ratios and mods stiap
the vibration isolator in closed loop are specified. Finally, the modal controller
for force feedback is derived.

Mode shaping modal control for sensor fusion and two-sensor dar&o
discussed in sectiong&5and7.6. It is shown how to choose the control pa-
rameters for these control strategies to maximize the damping ratios of the
internal modes of the suspended payload.

In section?7.7 the modeling results obtained with mode shaping modal con-
trol for acceleration feedback, sensor fusion and two-sensorat@né shown.

The achievable isolation performance regarding the transmissibility and defo
mation transmissibility is discussed. The compliance and deformability are
not derived, since the third performance objective stated in se2t®mvhich

is providing a stif suspension, has already been realized by using active hard
mounts. The lowest suspension frequency is 7.0 Hz which is higher than the
required suspension frequency of at least 5 Hz, see chapter

7.3 Suspension mode shapes

To derive the mode shaping modal controller, the mass, damping &imes$
matrices of a model describing the suspension dynamics of the vibration iso-
lator have to be known. These matrices are available from either the teduce
order model of sectioB.4or the identified reduced order model of sectiof

It is shown that with these matrices the suspension modes of the vibration iso-
lator in open loop can be calculated and can be expressed in the comsdihate

a reference frame located at the point of accuracy.

Reduced order model

The equation of motion corresponding to the reduced order model 0524 (
can be written in the Laplace domain as

(MS + Ds+ K)Qo(5) = BoFa(9), (7.1)
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whereQy(9) is Laplace transformed vector of degrees of freedom (D@Fs)
that are associated with the suspension dynanfigss the vector of actuator
forces. By is the input matrix that relates actuator fordgsto DOFsq,. The
subscript “0” is used to indicate that the suspension dynamics is related to the
observable and controllable DOFs, see also sectiohand6.6.

In case of acceleration feedback, the vector of accelerometer sigineds
related to DOFg), by the output matrixC, as

X1(9) = CoS°Qo(9)- (7.2)

To derive the mode shaping modal controller, it is assumed that the reduced
mass, damping and ftiess matrice8, D andK as well as the input and out-
put matriceB, andC, are known and invertible. These matrices are obtained
from either the reduced order model of sectmd using Egs. $.21)—(5.23
or the identified reduced order model of sectf using Egs. §.47—(6.49.
Pre-multiplying Eq. 7.2) by M~ gives

(1652 + M™1Ds+ M™1K)Qo(s) = M1BoF a(9). (7.3)

If D is a proportional damping matrix, the equation of motion of E¢g)(can
be decoupled using the modal transformatign= Pyz, in which the columns
of P, are the normalized eigenvectorsfK:

MK = P,Q2P;. (7.4)

Here Q, = diagwosi, . - ., wes) With wq the suspension frequency of thé
suspension mode of the vibration isolator in open loop. [feolumn ofP,
is the corresponding suspension mode shape. Pre-multiplying Bybg P5!
results in the modal decoupled equation of motion

(1652 + EoS+ QD) Zo(3) = P;IM 1B, Fa(9), (7.5)
whereE, = diag€or, . . ., &os) anNd&y = 2 wq With o the damping ratio of
thelth suspension mode of the vibration isolator.

Point of accuracy

The suspension mode shapes, which are the columns of modal Rgtexe
expressed in terms of the DOBRg. It is desired to express these mode shape
in terms of the translations(y, z) and rotationsédy, 6y, 6;) of a reference
frame located at the so-callgaint of accuracywhich is the point where the



108 Chapter 7. Control strategies for a six-axes vibration isolator

suspended equipment needs to have its highest accuracy, and osigcttetat
the three orthogonal axes of the reference frame are in the directiorigch w
the highest accuracy is defined. This can be done using a transformmeticr
R:

Thelth column of modal matri®, now expresses tHéh mode shape in terms
of Xref = (X, Y, Z 6x, by, 6,)". In subsectiors.3.2it is shown that the transmissi-
bilities can also be expressed in termsgs.

7.4 Mode shaping modal control: acceleration and force
feedback

The mode shaping modal controller for acceleration and force feedbaek
rived in this subsection. Therefore, some information from the previeas s
tion is required: the mass, damping andfeiss matrices as well the input
and output matrices. The desired suspension frequencies, dampirsgaradio
suspension mode shapes are defined in this section.

Throughout this section, the subscript “0” indicates a property (sisipe
frequency, damping ratio, modal matrix, etc.) of the vibration isolator in open
loop, the subscript “n” indicates a desired property of the vibration isolato
closed loop.

7.4.1 Acceleration feedback

The mode shaping modal controller for acceleration feedback consigts-of
portional and integral gain matrices. In this subsection it is shown how these
are calculated using the information from the previous section. Next, it is
shown that there exist an input and output decoupling matrix that (approx
mately) decouple the system’s plant, such that a diagonal controller is aftaine
Each diagonal entry is a SISO controller that is used to individually tune the
suspension frequency and damping ratio of each suspension modghadtia

that additional filtering can be added to each SISO controller individuaiis T
filtering can be used to add rolido the modal controller, to prevent actuator
saturation at low frequencies and to shape the loop. Finally, the desiged su
pension frequencies, damping ratios and mode shapes of the vibratidnrisola
in closed loop are specified.
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Proportional and integral gain matrices

The control strategy based on negative proportional plus integraelexation
feedback as proposed i5,60] and used in chapteéd.2.1is used here as well.
The controller reads

Hy, (9) = —(Ka+ K—S"), (7.7)
whereK, andK, are the proportional and integral gain matrices. This con-
troller adds virtual mask ; and virtual sky-hook dampini§ to the suspended
payload. Note that the suspension frequencies and mode shapes ifrthe v
tion isolator in open loop depend on the mass maw#ixand stifness matrix
K, see Eq.T7.4). So, by adding virtual mass l¢,, not only the suspension
frequencies, but also the mode shapes of the vibration isolator in cloged loo
can be altered, since the shapes depend on the distribution of the virtiaal mas
Kain space. Using the feedback equatteyfs) = Hxl(s))'il(s) with Egs. (.2
and (7.7), results in

Fa(9) = —(KaS + Ky9)CoQo(9). (7.8)

The equation of motion of the vibration isolator in closed loop is given by
substituting Eq.7.8) into Eq. (7.1):

(MSZ + Ds+K)Qo(s) = _Bo(KaS‘2 + Ky9)CoQo(S),
= [(M + BoK aCo)S + (D + BoKyCo)s+ K]Qo()= 0. (7.9)

Eq. (7.9 is the matrix generalization of the denominators of E§gl)@nd 3.5).
Assuming that{fl + BoK 5Co) ! exists and defining

Kn = (M + BoKaCo) 1K, (7.10)
Dn = (M + BoKaCo)1(D + BoKyCo), (7.11)

allows to rewrite Eq.7.9) as
(165 + Dns+ Kn)Qo(s) = 0. (7.12)
The desired solution of Eq7(12) is obtained by demandirlg,, andDy, to be:
Kn = PhQ2P, L, (7.13)
Dn = PhEnP; . (7.14)

The columns ofP, are the eigenvectors #f, expressed in terms af,, Q =
diagni, . . ., wne) aNdE, = diag€na, . . . , £ne) With &y = 2 wn. Herein,wpy
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and/y, are the desired closed loop suspension frequency and damping ratio of
thelth suspension mode that can be set by the control engineetthii¢t@umn

of modal matrixP,, is the desired normal mode shape vector expressed in terms
of go. The desired suspension frequencies and damping ratios of the desired
mode shapes are also the resonance frequencies and damping ratedef th
sired transmissibilities. The values of the desired suspension frequamncies
damping ratios are related to the desired isolation performance of the vibration
isolator.

The role ofP, is that the added virtual mass is distributed to specific virtual
locations at the payload, such that the normal mode shapes are altered and
become the desired mode shapes. The mode shapes can be expresaesl in te
of Xref USING

@, = RP,. (7.15)

The columns of®, can be chosen arbitrarily, provided thht, is full rank.
A choice for®,, is made at the end of this subsection. From EqL%) it is
observed thalP, has to be chosen as

P, = R 1®,. (7.16)

Since in Eq. {.14), D, is demanded to be a modal damping matrix, EqL®
can be rewritten into the modal decoupled equations of motion using the trans-
formationqg = Pnzy:

(165% + Ens+ Q2)Zy(s) = 0. (7.17)
Proportional gain matrik 5 is found by substituting Eq7(13 into Eq. (7.10:

PaQ2P-1 = (M + BoK .Co) 1K
= Ka = B;Y(KPhQ;2P;t - M)C,L. (7.18)

Integral gain matriX,, is found by substituting Eq7(14) into Eq. (7.11):

PnEnP;t = (M + BoK4Co) (D + BoKCo)
= Ky = (Bg*M + K4Co)PnZEnQp1C,t - B;IDC,L (7.19)

Substituting Eq. .18 into Eq. (7.19 results in
Ky = Bgt(KP,2&,P,t - D)C;L. (7.20)

Note that ifD,, is nonzero, the mode shapes of the system become complex.
However, by demandin®, to be a proportional damping matrix, which is
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done in this thesis, the complex mode shapes can be transformed to normal
mode shapes again.

Since the flexible body dynamics of the vibration isolator usually appears at
high frequencies, it will have hardly anyfect on the suspension frequencies
and corresponding mode shapes of the vibration isolator in closed loepe-Th
fore, the controller designed on the reduced order model of/Et).describing
the suspension dynamics is still valid for the flexible body model of £4.00
in section5.3 describing both the suspension dynamics and flexible body dy-
namics. However, the flexible body dynamics is influenced significantly by the
controller since a large amount of virtual ma&sis added.

In appendixD it is shown that the mode shaping modal controller, which is
a centralized controller (each actuator interacts will all sensors), cainipi-
fied to a centralized controller (each actuator interacts only with its collocated
sensor and for each actuator-sensor-pair the same controller is Hesehver,
with this centralized controller it is no longer possible to individually tune the
suspension frequency and damping ratio of each mode.

Decoupling

It is shown that there exist an input and output decoupling matrix that (ap-
proximately) decouple the system’s plant, such that the mode shaping modal
controller for acceleration feedback of E@.Z7) reduces to an (approximate)
diagonal controller. Each diagonal entry is a SISO controller that carsée
to individually tune the suspension frequency and damping ratio of each su
pension mode.

Egs. .18 and (7.20 can be rewritten such that the proportional plus inte-
gral controller of Eq.7.27) is expressed in the Laplace domain as

Hy, (9) = B5lKPh[Q,2 - P,IK M P,
_ .1
+(Q%E, - PglK-lDPn)g]Pglcgl. (7.21)

The term&K M andK 1D in Eq. (7.21) can also be expressed as

KM = (M~1K)?

= (PoQ2P Y™ = P 2Pt (7.22)
KD =K MMD=MK)M D

= (PoQ2P, 1) 1P E P51t

= PoQ, 2P, PE P, = Py 25, Pt (7.23)
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Defining the matrices

TU = B;1KP,, (7.24)
T, =Pa'Coh (7.25)

and using Eqs.A.22 and (7.23), allows to rewrite Eq.{.21) as
Hs, (9) = TY[Q:% - PLlP.Q5 %P, P,
_ o 1
+(Q,%5, - Pnlpogoznopolpn)g]TYX.l. (7.26)

For the choiceb, = ®, such that, = Py, the part of Eq. 1.26) in-between
the square brackets is diagonal, hence the mati1|’(‘:'m1dT§’<1 decouple the
system’s plant and a diagonal control structure is possible. This is illugtrate
in Fig. 7.2 The plant transfer function matri@x, r(s) is pre-multiplied with

TY and post-multiplied witIT‘j’{1 which results in a decoupled plant as observed
by a diagonal controlleid9(s).

The part in-between the square brackets in EQ1) is approximately diag-
onal if the df-diagonal terms iP,;1P,Q52P; 1P, andP;P,Q52EP; P, are
much smaller compared to the diagonal term&jjt andQ;;2E, respectively.
This approximation is valid if the mode shapes for the open loop system and
the desired mode shapes for the closed loop system dofiiet ttio much or
if Qn < Qg andQn En > Qo o, Which is the case for hard mount vibration
isolators. Then Eq.7(26) can be approximated as

Hiy(9) ~ T'HYTY,, (7.27)

where the diagonal controller is

Kd
HY(s) = Kd + ?V (7.28)

with diagonal matrices

KY = Q-2 - diagP;1PoQ,2P;1Py),
KY = 0728, - diagP; Po252E0PoPr),

or alternatively, using Eqs7(22 and (/.23

KY = Q-2 - diagP; K MPy), (7.29)
Kd = gn E, - diagP; K ~1DPy). (7.30)
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(@) Decoupled plant
Fa )"(1 Fa ).(1 y
> GilFa(Q/ Tu (‘35(1':::\(C L Tﬁil M
Fa,ref X f J:> Faref X, f _|
T Hi(s) famt T, H HY(s) |em
HX1(S) (b)

Fig. 7.2: Two ways to represent the control schemes for acceleration feledf@che plant
“observed” by controlleHy, (s) is coupled; (b) the plant “observed” by controllldlgl(s) is
decoupled X and F,ref represent the payload accelerations and actuator forces in the modal
(decoupled) coordinateges.

The diagonal entries dfid(s) are SISO controllers that can be used to indi-
vidually tune the suspension frequency and damping ratio of each sispen
mode.

In Fig. 7.2, the modal (decoupled) coordinates describe the motion of the
reference framexer. Therefore X and F, er are the payload accelerations
and actuator forces expressed in termggf, whereast; andF, are the pay-
load accelerations and actuator forces expressed in terms of QASs0CI-
ated with the leg extensions.

Additional filtering

The diagonal controller of Eq7(28 allows to add additional filtering to each
SISO controller stored at the diagonal entriebi8fs). The parameters of these
filters can be dferent for each SISO controller. This allows to individually
tune the isolation performance for each suspension mode.

The plant transfer function matri@x,r.(s) is an acceleration response due
to force excitation. The transfer functions corresponding to collocatiehtor-
sensor-pairs have no rolHo Since the mode shaping modal controller for
acceleration feedback presented in this section does not havefreititer,
the resulting loop gains will lead to infinite closed loop bandwidth. This will
cause stability problems in practical applications. Therefore it is suggested
add second-order high pass filters to the diagonal contrdfi¢s) resulting in
high frequency roll-&. This approach is similar to the one-axis controller as
proposed in chapted.2.2

The improved diagonal controller reads

HY(9) = HY(9F(9), (7.31)
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whereF(s) = diagFr1(9), . . ., Frs(9) with

2
52 Wy S+ Wy

Fu(s) =
rl( ) SZ+2§II‘U||S+ wﬁ SZ+2§f|a)f|S+ wle Wy

Fext(9)- (7.32)

The corner frequency for filteF,(s) determines the attenuation at high fre-

guencies of théth mode, see sectidh2.2 The attenuation of thkh mode is

expressed asJs /wy)?. The damping ratidy for the second-order filter can

be set arbitrarily by the control engineer. An additional high-frequergso

w7 1S used to increase the phase margin around the high crossover ftgquen

of the loop gain. A second-order high-pass filter with corner frequencand

relative dampindj, is used to prevent actuator saturation at low frequencies.
Due to the wire flexure dynamics a loss in collocation between actuator and

sensor (see sectiods2 and5.3) occurs around 900 Hz and therefore a loop

shaping filterFex(S) can be used. Similar as in sectidt?, it consists of a

skew notch filter 5 o
82 + 2410)15+ w7 Wy

Fext(S) = (7.33)

£+ 2{2w28+ wg QTE’
wherew; = 2rf; with f; = 800 Hz,f, = 3 kHz,/1 = 0.05, and/, = 0.4.

Desired suspension frequencies, damping ratios and mode shapes

The mode shaping modal controllers that will be used to derive the model-
ing results of sectiof?.7 are obtained using the mass, damping anf@ingtss
matricesM, D andK available from the reduced order model of sectiof
The input and output matric&s, andC, are also known and equal to identity,
since the actuators and sensors are co-aligned with DfpRssociated with
the leg extensionsB, = Co = lg. The point of accuracy is chosen as the
elastic center of the vibration isolator. This means that transformation matrix
R can be calculated using Ec.0). A coordinate framex; y, 2) is defined,
such that its origin is located at the point of accuracy and its orientation is as in
Fig.5.4. The suspension frequencies and (open loop) suspension mods shap
expressed in terms of the coordinates of this reference frame areyafjigad
in Table5.2

The specification of the desired isolation performance regarding the trans
missibilities is not straightforward. Since the desired suspension modeas-are r
lated to the desired transmissibilities, the choice for the desired mode shapes as
well as the desired suspension frequencies and damping ratios is nghtstra
forward either. The isolation performance of industrial vibration isolai®rs
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Table 7.1: Control parameters for the mode shaping modal controller.

mode shapewy (rads) Zu (1) wn (rads) & ()

|

1 X 273 04 x45 0.07
2 y 273 0.4 245 0.07
3 z 2n-1 04 2225 0.07
4 Ox 2r-2.5 04 2375 0.07
5 0y 22,5 04 2375 0.07
6 0, 2n-2 04 230 0.07

usually expressed in terms of horizontal and vertical transmissibilities. To be
able to express the isolation performance of the six-axes active hardt moun
vibration isolator described in this thesis, in terms of horizontal and vertical
transmissibilities as well, its desired suspension mode shapes are chosen as
pure translations and rotations of the point of accuracy in the directioxsyof

andz Hence, modal matri®,, = l¢.

The chosen values for the suspension frequengyand damping ratidy,
corresponding to th&éth suspension mode are listed in TalBld. The cor-
ner frequencies and damping ratios of the second-order low-pass fiter
Eq. (7.32 are also listed. By comparing the desired suspension frequencies
and mode shapes of the vibration isolator in closed loop to the open loop sus-
pension frequencies and mode shapes listed in TaBlé is observed that for
example the mode of the (approximatefranslation has to be lowered from
9.8t0 1 Hz.

With these values the desired performance objective given in se2iton
regarding the transmissibility cannot be realized for each direction. In the
next chapter it is shown that with the developed demonstrator setup of the six
axes active hard mount vibration isolator it is not possible to realize a higher
performance due to hardware limitations. However, tfie@cy of the mode
shaping modal controller can still be demonstrated with the values listed in
Table7.1 The remaining parameters of the filtg(s) of Eq. (7.32 are chosen
w47 = 21100 rads, wy = 27-0.1 rads andy = 0.7 for all . Fex(S) is given as
in Eq. (7.33.

To check closed loop stability, the generalized Nyquist criterion is Usdd [
This can be done by plotting the characteristic loci (CL) of the correspgnd
loop gain matrix. The loop gain matrix is obtained by cutting the loop in
Fig. 7.2 at the position of 5 and replacingy, (s) with H, x, (s). For accelera-
tion feedback, this matrix reads

Lrs(9) = Hrs(9Gx,ro(8) = T'HHTY, Giyro(9). (7.34)
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Fig. 7.3: Characteristic loci of loop gain matricesy, (s) for acceleration feedback.

The CL of the plant transfer function matr&y,r,(s) are shown in Fig5.6.
The CL of loop gain matrix, x, (s) are shown in Fig7.3. It is observed that
the phase angles of all CL do not cross tE8(Q line. This means that the
closed loop is stable.

7.4.2 Force feedback

In this subsection the mode shaping modal controller for force feedbalek is
rived. The mode shaping modal controller for force feedback will orlyged
to derive the mode shaping modal controllers for sensor fusion andensns
control. This is because in chapteiit is demonstrated that force feedback
is outperformed by acceleration feedback regarding all performaansfér
functions. Therefore it has been decided that the modeling results abtaine
with the mode shaping modal controller for force feedback will not be ana-
lyzed in sectiorv.7.

The vibration isolator is also equipped with force sensors. These atedbca
in the legs and co-aligned with accelerometers, see3:ig. Therefore, the
relation between the measured forégsand the DOFg), can be derived as

Fs(s) = Col[-(k + d9Qo(S) + BoFa(9)]. (7.35)

using the same output matriX, as for the measured accelerometer signals.
In Eq. (7.395, k andd represent the axial $fhess and damping of a leg, as-
sumed being equal for all legs.(k + d9)Qq(S) + BoFa(9) is the total force in

the leg, which is the sum of the elastic restoring force in the spring, the force
associated with dissipated energy, and the actuator #8¢€g(s). Since the
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vibration isolator has been designed to be approximately exact constrained
the main contributions to the total reducedfsgss and damping matric&s
andD are due to the axial $thessk and dampingl. The remaining contri-
butions are due to flexibilities of the wire flexures in the mounts. These add a
small parasitic sffnessK, and dampindd,. Then the equation of motion of
Eq. (7.1) describing the suspension dynamics, can be written as

[M& + (Dp + d)s+ (Kp + K)]Qo(S) = BoFa(9). (7.36)

If the parasitic contribution&, andD,, are neglected (this is common in case
of force feedback45]), Eq. (7.36 can be substituted into E¢7.85 to obtain

Fs(S) = CoM 2Qq(5) = CoMCo1X(s) (7.37)

where Eq. 7.2 has been used. Eq7.87) describes the approximate relation
between the measured accelerati@nsand measured forcdss, which is just

the transformed mass matr%MCgl. Therefore, if all entries ok; in the
previous subsection are replaced withM ~1C;1Fs, a similar controller for
force feedback as Eq7(21) can be derived. This controller does the same
job as Eq. .21, despite the error introduced by neglecting the contributions
of K, andDy,. The controller reads

K
HE(9) = Ka+ ?V (7.38)
with the gain matrices
K, = Ba2(KP.Q 2P, - M)M1C,L, (7.39)
K, = Bg}(KP,Q 2E,P;t - D)M1C2. (7.40)

This controller can be written as an approximate diagonal controller in a simi-
lar way as for acceleration feedback:

Hel(9) ~ T'HYUSTY, (7.41)
with HY(s) as in Eq. 7.29), and output decoupling matrix
TL, = PM™C,h (7.42)

Additional filtering can be added to the mode shaping modal controller for
force feedback in a similar way as to the mode shaping modal controller for
acceleration feedback. The control parameters listed in Tatlean be used
as well.

In the next sections, the mode shaping modal controllers for acceleration a
force feedback derived in section are used to derive the mode shapidgi
controllers for sensor fusion and two-sensor control.
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7.5 Mode shaping modal control: sensor fusion

Itis shown how the input and output decoupling matrices of Eq24|, (7.25
and (7.42 can be used to extend the sensor fusion control strategy as in sec-
tion 3.3 from the one-axis vibration isolator to the six-axes vibration isolator.
Therefore, the loop gain matrices are needed. Loop gain miatgXs) for
acceleration feedback is given by E@.34), that for force feedback is given
by

L1Fo(S) = HrF(9GFFL(S) = T'HHITE Grora(9) (7.43)

The CL of the plant transfer function matri&r g, (s) are shown in Fig5.6.

Loop gain matrixL, x,(s) is obtained by cutting the loop in Fig..2 at the
position of F5 and replacingHy, (s) with H; x,(s). The loop gain matrix for
force feedback is derived in the same way. By cutting the loop in FRjat

the position ofF ¢f, the decoupled loop gain matrix for acceleration feedback
is obtained. The decoupled loop gain matrix for force feedback is dkirvbe
same way. The decoupled loop gain matrices are calculated by pre-multiplying
Egs. (.34 and (/.43 with the inverse off" and post-multiplying withr:

L% (9) = T" M4, (9Gx,r (9T = HAYTY, Giyro (9T, (7.44)
LIe(9) = T* MM, £ (ICFF(IT" = HAYTL Grr (9T (7.45)

It is clear thatTylGXlF (9T and T _GF.F,(9T" must represent the decou-
pled plant matrlcesL (s) andeF (s) are diagonal loop gain matrices. Their
diagonal entries are plotted in F@ 4. The solid gray lines represent acceler-
ation feedback, the dashed gray lines force feedback.

The resonance peaks below 20 Hz in the loop gains inF4are due to the
suspension modes, the resonance peaks in-between 75 and 360dde &oe
the internal modes of the payload, see also se&i8rl. Each peak at 900 Hz
is due to the wire flexure dynamics (see also sechichl), and each dip at
800 Hz is due to the skew notch filtBgy(s) of Eq. (7.33 that is used in the
controllers. Each resonance peak corresponding to an internal mpde- is
ceded by an anti-resonance dip in the loop gain. This is similar to the one-axis
vibration isolator, see Fig.5in section3.3. In that section, sensor fusion is
applied by low-pass filtering of the loop gain for acceleration feedbadk an
high-pass filtering of the loop gain for force feedback. It is describatithe
maximum achievable damping ratio depends on the ratio between the frequen-
cies of the anti-resonances in the acceleration and force paths, s=3Hy.
The corresponding filter pole can be found using Bi3Q).
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Fig. 7.4: Diagonal entries of decoupled loop gain matrid:¢§1(s) (—) for acceleration
feedbackl_ﬁps(s) (----) for force feedback, anti?v(xlyps)(s) (——) for sensor fusion.

Fig. 7.4 shows only one clear anti-resonance for each entry of the loop gain
matrix. The frequency of the anti-resonance in the force path is almost on

the frequency of the corresponding resonance. The frequenicibe anti-

resonances are used to determine the filter poles for the six-axes &esisor
controller. Each filter pole is calculated as

Wal,%q

Wal,Fs

VWal 3 Wal,Fg»

(7.46)



120 Chapter 7. Control strategies for a six-axes vibration isolator

-{ LF(s)
HF(s) Z l HYe (9

(a) Control scheme of sensor fusion. (b) Control scheme of twmsesecontrol.

Fig. 7.5: Control schemes for: (a) sensor fusion; (b) two-sensor contte.plant “observed”
by the diagonal controllers is decouplekies, Fsrer and Farer represent the payload accelera-
tions, leg forces and actuator forces in the modal (decoupled) cabedies.

Table 7.2: Frequencies of the anti-resonances and poles, and controller gains.

mode shapewy s, (rads) war, (rads) wpy (rads) kq (-)

I

1 X 2r- 68.5 Z- 75.1 2644 9.310°
2 y 2n- 72.9 Zr- 80.9 269.2 8.710°°
3 z 2n-107.4 1424 2933 27108
4 Ox 2r- 56.4 Zr- 80.6 247.2 1.310°
5 6y 2n- 56.4 Zr- 75.1 2489 1.310°
6 0, 2n- 79.7 Zr- 81.4 2789 1.210°

wherewgy x, andwa r, are the frequencies of the anti-resonances inllthe

entry of the corresponding loop gain matrices. The used values areydidpla

in Table7.2. Note that the ratio between the frequencies of the anti-resonances
for the 66th entry, the torsional mode, is almost 1, see Figf), so it is
expected that not much damping can be added to this mode. The filter matrices
can be defined as

LF(9) = diagLF1(9), ..., LFs(9), with LF(9) = —P . (7.47)
S+ Cl)p|
HF(s) = diagHF1(9), ..., HFs(9)), with HF(s) = (7.48)
S+ (,()p|
The sensor fusion controllers are then defined as
HPF,(9) = TUHI(ILF (9T, (7.49)

HPE.(9) = T'H(HF (ST, (7.50)
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Fig. 7.6: Closed loop poles of the hard mount when filter pojgtends from O tax for: (a)
sensor fusion; (b) two-sensor controldenote the transmission zeroslgf, (s); ® denote the
transmission zeros df, ¢ (s); ® denote the closed loop poles for which maximum damping of
the internal mode is obtained.

and the resulting sensor fusion loop gain matrix is then given by

LezFo(9) = HPE (9Gxr.(9) + HPE (SGFF.(9)
= T'HX(S(LF (9T, Giura(9) + HF(ITY Gr.r.(9). (7.51)

This is illustrated in Fig7.5a). Loop gain matrix s, F,(S) is obtained by
cutting the loop at the position &f,. The diagonal loop gain matrix for sensor
fusion is calculated by cutting the loop at the positionFgfier, in a similar
way as for acceleration and force feedback:

L s0.r9(9) = HUWLF (9T}, Giyra(9) + HR(ITE Grr (T (7.52)

Their diagonal entries are shown in Fig4 as the solid black lines. It is ob-
served that the anti-resonances corresponding to the internal medesttar
damped.

The maximum achievable damping ratios depend on the ratio between the
frequencies of the (undamped) anti-resonances. These fregsiemeiequal
to the magnitudes of the so-callednsmission zerom the loop gain matrices
Ly x,(s) andLg,(s). Transmission zeros correspond to the suspension fre-
quencies of a substructure constrained by the sensors and actd&lorByf
varying the filter polesup from 0 to oo, the closed loop poles can be plotted
as branches of the “root locus”, similar as in F&7 for the one-axis vibra-
tion isolator. This is illustrated in Fig.6(a) that shows these curves. For each
mode, the curve starts 8= jwa g, and ends irs = jwa %, Wherewy g, and
wa x, are the frequency of the anti-resonances corresponding {ththeode.
It is visible that the torsional mode around 107 Hz remains poorly damped.
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Fig. 7.7: Characteristic loci of loop gain matrlx; x, . (S) for sensor fusion.

The squares indicate the closed loop poles using the filter poles of Table

It is clear that the distances between the realized damping ratios and the max-
imum achievable damping ratios are small. The reason that the distances are
not zero, is because the input and output decoupling matrices do ratplec

the internal modes exactly, they only decouple the suspension modes.

To check closed loop stability for the sensor fusion control strategy, the C
of the loop gain matridt; x, r,)(S) of Eq. (7.5]) are plotted in Fig7.7. It is
observed that the phase angles of all CL do not cross 1l8€’ line, except for
the light blue and red CL that just hit thel80° in-between 70 and 100 Hz. In
that frequency range the magnitude of these CL is well above 0 dB, sedclos
loop stability is achieved. The high magnitude is due to the high values{for
If lower values are used, the light blue and red CL may cross the 0 dB line in
the frequency range where the phase angle is bel8¢. In that case closed
loop stability is not achieved.

So, sensor fusion can only be applied successfully if the magnitudes of the
CL are crossing the 0 dB in the frequency range where the phase amgles
above—180C. This requires a high control bandwidth. The highest crossover
frequency of the CL is a measure of the required control bandwidthigliY#
it is visible that the highest crossover frequency of the CL is above 1 kHz

7.6 Mode shaping modal control: two-sensor control

In a similar way as for the sensor fusion control strategy, the input atpdibu
decoupling matrices can be used to decouple the plant and design a dliagona
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two-sensor controller. This s illustrated in Fig5(b). The proposed controller
for acceleration feedback reads

Hixy(9) = TUH(9TY, . with H{(s) = HY(9)F(s). (7.53)
whereF(s) = diagFu(9),. .., Fi(s) with
$ Wi

Fu(s) =
P+ 2jwiS+ Wi P + 2Anwn S+ wh

Fext(9)- (7.54)

So,Htx,(s) is the same controller &3 5, (s) except for the contribution of the
high-frequency zer@,. This approach is similar to the two-sensor control
strategy used for the one-axis vibration isolator described in se8tibrThe
proposed controller for force feedback is derived in a similar way as

Hir(9) = T"HIE (9TE., (7.55)
with
H{ (9) = diagH ¢ (9).. ... HE £ (9). (7.56)

Instead of usingd(s), a different diagonal controlldfl +r.(9) is used for force
feedback. This controller is the same as the force feedback contratierfors
the one-axis vibration isolator. Its diagonal elements are given by

S wr|

& + 25 whS+ a)le S+ wi

Hi £.(9) = ko Fext(S). (7.57)
The filter parameterss andZy are given in Tablg.1 The controller gaing

can be set by the control engineer. Therefore, the foIIowing proeddisug-
gested. First, the decoupled loop gain matrllcé)e(s) andLd LFe (s) are calcu-
lated for acceleration and force feedback. Nkpms chosen ‘'such that thih
entries ode (s) andL¢ LF. (s) have approximately the same magnitude at the
frequency of the anti-resonances in the acceleration pathmg(o(s = jwa 1,)|

= |BLtII F (s = jwa.x)l- An approximate formula for calculatlrlg| can be de-

rived as
1 wy

ki = ,3—

(7.58)
wal xl

This expression is equal to the expression of BB for the one-axis vibra-

tion isolator except for the term? in Eq. (3.39, which is accounted for in the

input and output decoupling matrices. The used values are given in T2ble

where a value o8 = 0.5 similar as in sectioB.4is used.
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By varying the gain; for the force feedback controller from 0O to and
keeping the acceleration feedback controller as in E¢J, the resulting
closed loop poles can be plotted as branches of the “root locus” in a similar
way as for sensor fusion. The plot is shown in Figib). The squares indi-
cate the location of the closed loop poles for the controller gains of TaBle
It is clearly visible that large damping ratios can be obtained for the internal
modes, even larger than for sensor fusion. Another advantage isrtipet aff
the phase angles of the corresponding CL below-th&0 do not occur, hence
closed loop stability can be guaranteed.

7.7 Modeling results and discussion

In this section the achievable performance of the active vibration isolator is
analyzed for the various presented control strategies. These arestmayuiag
modal control for acceleration feedback, sensor fusion and tweeseontrol.

Mode shaping modal control for force feedback is not analyzedausscin
chapter3 it is demonstrated that force feedback is outperformed by the other
control strategies, in particular in case of a relative high parasifiniesis. In
section5.3.1it is shown that for the designed vibration isolator, the parasitic
stiffness is large. Hence, it can be expected that mode shaping modal control
for force feedback is also outperformed by the other control strategieg

mode shaping modal control.

The performance is analyzed using the transmissibilities. For each control
strategy, the transmissibility matrike(s) of Eq. (6.17) is calculated. This
matrix describes the motion of reference frarag(s) attached rigidly to the
payload, due to motion of the fram&oor(S) attached rigidly to the floor. The
payload consists of three bodies, see Big: payload body (pl) on which
the accelerometers and force sensors used for feedback are dttaokdea
large and small flexible payload body (p2a) and (p2b). If refereraad
Xref(S) is attached to payload body (p1), maffix:(s) can be interpreted as the
matrix extension of the scalar transmissibilftys). If an additional reference
frame Xqref(S) is attached to flexible payload body (p2b), maffixs(S) can
be interpreted as the matrix extension of the scalar deformation transmissibility
Ta(s). Hence,Tqyref(9) is the deformation transmissibility matrix. Thieh
element of each matrix represents the payload’s response (a pudatiems
or rotation in the direction ok, y or 2) due to floor excitation in the same
direction.

The diagonal entries df ¢(s) are plotted in Fig7.8. Since the @-diagonal
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entries are much smaller compared to the diagonal entries, these arewant sho
Next to the closed loop results, also the open loop transmissibilities are dis-
played (black dotted lines). The transmissibilities for acceleration feedback
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(black solid lines), sensor fusion (blue solid lines) and two-sensoradinéd
solid lines) are shown. In Figg.8(a)—(d) it is visible that due to coupling of
the suspension modes, the open loop transmissibilities in horizontal directions
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(both translations and rotations) are high. The desired suspensiafieigs

and damping ratios of the closed loop suspension modes are achieved. This
is observed by the transmissibility curves. Each of the curves coincides with
the curve of aeference transmissibilitigray solid lines) up to at least the fre-
quency where an attenuation-e80 dB is obtained (except for sensor fusion).
Each of the reference transmissibilities is a second-order low-pass &her c
structed using the desired suspension frequency for the cornaefreygof the

filter and the corresponding damping ratio. It also indicates that the desired
mode shapes are realized. If the transmissibility curves would not coincide
with the curves of the second-order low-pass filters, this would mean that th
desired mode shapes are not realized. This is the case for sensor fBsio
cause of a high parasitic ftiess, not all of the desired mode shapes can be
realized, especially the vertical mode, see Fi(e). There is a small ampli-
fication at each resonance, but this is because a damping ratio of onlis40%
used. For the vertical transmissibility in Fig.8e) there is a little more am-
plification at resonance. This is due to the pole at 0.1 Hz in the second-orde
high-pass filter which is relatively close to the desired suspension fineywd

1 Hz for the vertical transmissibility.

The diagonal entries off 4 e(S) are plotted if Fig.7.9 and show similar re-
sults as forT (). In case of acceleration feedback, three deformation trans-
missibilities (for horizontal rotations and vertical translation) show resoman
peaks in-between 40 and 100 Hz corresponding to poorly damped interna
modes, that cannot be damped using acceleration feedback, se&.Higk.

(d) and (e). In case of sensor fusion and two-sensor control, tngidg ra-

tios of these modes can be increased, although only a little bit, at the price
of less attenuation in the surrounding frequency range. It is remarkiadie
with acceleration feedback also three internal modes can be dampedesee th
other three deformation transmissibilities (for horizontal translations and ver
tical rotation) in Figs.7.9a), (c) and (f). For these modes, sensor fusion and
two-sensor control do not improve the performance.

7.8 Conclusions

A method for designing a mode shaping modal controller for the six-axes ac-
tive hard mount vibration isolator is presented. With this controller, for each
suspension mode not only its suspension frequency and damping ratidsdou

its mode shape can be tuned. The mode shapes can be chosen arbitwarily, p
vided that the modal matrix containing the mode shape vectors is of full rank.
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It is suggested to choose the mode shapes as the translations and rofadions o
reference frame located in the point of accuracy, which is the pointentiner
suspended payload needs to have a high accuracy. The mode shepimgs
modal controller can be used with both acceleration and force feedahck,
though for force feedback it is required that parasitiffrstiss and damping is
small and negligible.

There exist an input and output decoupling matrix that (approximately) de-
couple the system’s plant. This is the case if the mode shapes of the open loop
system and the desired mode shapes of the closed loop system ddfeot di
too much or the desired suspension frequencies of the closed loop sygem
much lower than the suspension frequencies of the open loop system, Then
the mode shaping modal controller reduces to a diagonal controller wéehe e
of the diagonal entries is a SISO controller. This allows to use additional fil-
tering for each SISO controller individually. Additional filtering is requited
set the desired high-frequency attenuation of each mode and, if aegess
stabilize the control loop.

The input and output decoupling matrices can be used to combine the mode
shaping modal control design with sensor fusion or two-sensor conirtiiis
way, it is possible to simultaneously shape the suspension modes andéncreas
the damping ratios of the internal modes of the suspended payload. Design
methods are presented to maximize these damping ratios witfeatiag the
realized suspension modes.

By analyzing the performance regarding the transmissibilities and deforma-
tion transmissibilities, it is demonstrated that the desired suspension frequen-
cies and damping ratios can be realized using mode shaping modal control fo
acceleration feedback, sensor fusion or two-sensor control. T8iedanode
shapes can be realized as well, except for sensor fusion contraldeeds
performance is fected by the presence of a large parasitifredss. For the
same reason, it is recommended not to use mode shaping modal control for
force feedback. It is shown that for sensor fusion, the closed lgsieis can
become unstable in case of a low control bandwidth. With sensor fusion or
two-sensor control, the damping ratios of all internal modes can be imtteas
at the price of less attenuation at high frequencies compared to acceleratio
feedback. It is remarkable that with acceleration feedback, the darngtdiog r
of some internal modes can be increased as well. Therefore, acceldeatib
back and two-sensor control are the two most promising control strategies
using mode shaping modal control.



CONTROL EXPERIMENTS WITH A 8{5
SIX-AXES VIBRATION ISOLATOR >

The results of the real-time implementation of the control strategies dedcribe
in chapter7 on the demonstrator setup of the six-axes active hard mount vi-
bration isolator are presented. First, the experimental procedure isritsed.
Next, it is shown that due to hardware limitations it is not possible to obtain a
stable closed loop using the control parameters of TalBléand 7.2 There-
fore, the control designs need to be modified such that a stable close@loop
possible. For the modified control designs, the performance is analysird

the identified transmissibility and deformation transmissibility matrices, and
the obtained RMS accelerations levels of the payload.

8.1 Experimental procedure

The demonstrator setup of the six-axes active hard mount vibration is@ator
mounted on a rigid floor plate, see also Fag3. It is available at the labora-
tory of Mechanical Automation and Mechatronics of the University of Tiwen
Enschede. In Fig2.1(b) it is shown that the floor vibrations measured at this
laboratory are very small, even below the level of the VC-E curve. Togoite

that the measurements used to analyze the performafiee som measure-
ment noise of the accelerometers, the motion level of the floor plate needs to
be increased.

Therefore, the floor plate is equipped with several piezoelectric actuator
Six piezoelectric actuators are needed to excite all six degrees of freedo
(DOFs) of the floor plate. Unfortunately, only four piezoelectric actisatwe
available, such that only four DOFs of the floor plate can be excited. The
consequence of this restriction is discussed later on in this chapter. dhree
the piezoelectric actuators are placed vertically and one is placed hotigonta
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(a) Bottom view of the floor plate. (b) Front view of the vibration isolator.

Fig. 8.1: Coordinate framex,y, 2) which origin is located at the elastic center (e.c.) and the
location of the acceleromete@®—®) at the floor plate.

These are visible in Fidh.3except for one of the vertically placed piezoelectric
actuators. In this way the floor plate is allowed to have (small) translations in
x- and z-direction and (small) rotations around tkeandy-axes. The floor
plate’s translation iry-direction and its rotation around tfeaxis are con-
strained. The motion is expressed in the coordinates of the referemse fra
Xref = (X, Y, Z Ox, by, 6,)" attached to the suspended payload and oriented as in
Fig. 5.4. The point of accuracy at which the origin of the reference frame is
located, is the elastic center of the vibration isolator.

The floor plate is equipped with six accelerometers, see &i. Their
signalsXo are measured in the axial direction of the accelerometers. A trans-
formation matrixRyeor allows to transfornikg to Xsoor, Which describes the
motion of a reference frame attached to the floor with the same location and
orientation astef, see EQ.%.14) in subsectiorb.3.2 The inverse oRgor IS

| se1 —Ca1 O hecay heSay rf |
0 0 1 —rfsa1 ricag O
1 _ | sa2 —Caz O hicar hrsan 1y
Riioor = 0 0 1 —risan ficay O | (8.1)
swz —Caz 0 hicasz hisaz rg
0 0 1 -r¢saz ricaz O |

whereas, az, andas are the angles between the three accelerometer pairs and
the x-axis, @i = cosg;) and @; = sin(a;). Lengthrs is the distance between

the vertical axis of symmetry and the point where an accelerometer is attached
to the floor plate, lengthy is the distance between the point of accuracy and
the point where a horizontally placed accelerometer is attached to the floor
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plate. In this thesig; = 7, @ = 47 + xr, andas = 37 + 7 (see Fig8.1(a)).

By exciting the floor plate using random input signals for the four piezo-
electric actuators, the floor plate’s motion and the payload’s respongecare
sured as{p andX; respectively. Using Eq5(14), Xo andX; are transformed
to Xnoor and Xrer respectively. This allows to calculate the power spectral
densities (PSDSPyqq 00 (f) @and cross power spectral densities (CPSDs)
Pseerisaoork(f). Theikth entry of the transmissibility matriX ef(f) can be cal-

culated as
Piref.i Keloork ( f )

Pxﬂoor,kxﬂoor,k( f ) ‘

This way of calculating the entries dfe(f) requires only one experiment to
identify all entries. In £7] an alternative method is described, however this
requires six dterent experiments to identify all entries. Therefore, the method
used in this thesis is preferred.

Large flexible payload body (p2a), visible in Fi§2, can also be equipped
with accelerometers. Their signakg can be transformed t&qef USING a
transformation matriXRq e that is calculated in a similar way as E&.J).
Next, the CPSD®y, ;5400 (f) Can be calculated. This allows to identify the
entries of the deformation transmissibility matrlx'hf ref(f) as

I:’Xd,ref,i Xfloor,k ( f )
I:)xﬂoor,kxfloor.k ( f ) .

Unfortunately, only one accelerometer is available for the measurements on th
large flexible payload body (p2a), while there are six needed to identigf-all
ements of accelerometer signéils Therefore, six experiments are performed
in which during each experiment the additional accelerometer is mounted at
a different location at the large flexible payload body (p2a). For each iexper
ment, approximately the same excitation signals for the floor plate are used.
The floor plate is excited such that the PSDs of its acceleration levels are
more or less comparable to that of a VC-D curve, which is the second duietes
environment used for designing fabs. In FBg(a) it is shown that the PSDs of
its acceleration level fox- andztranslation are indeed comparable to that of
a VC-D curve, except for two peaks at 30 and 50 Hz. These are dlexiiole
modes of the table on which the floor plate is mounted on. It is discussed in
section2.1.2that above 100 Hz the acceleration level of fab floors tends to
decrease rapidly. This is also visible in F&y2(a), although some peaks in-
between 100 and 300 Hz are present. Sincettianslation of the floor plate
cannot be excited, the PSD of its acceleration level is a little lower. The PSDs

Treti(f) = (8-2)

-ch,ref,ik(f) = (8-3)
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Fig. 8.2: (a) Power spectral densities (PSDs) of measured floor translationzéheesation
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x-direction ( ); y-direction (——); z-direction (—).

of the acceleration levels for rotation show similar results, seeSFx)). The
rotation around the-axis cannot be excited as well, therefore its PSD is lower
as compared to the PSDs for the other rotations.

8.2 Closed loop stability

In section6.9it is shown that the identification model and flexible body model
of the six-axes vibration isolator have comparable dynamics at least upgo a f
quency of 200 Hz. Above that frequency, theeets of actuator dynamics and
high-frequency structural dynamics of the suspended payload, Wwhighnot
been included in the model, cause sonfiedénces. However, it is thought that
the controllers designed in the previous chapter on the flexible body madel c
be implemented on the demonstrator setup of the six-axes active hard mount
vibration isolator with only minor modifications.

The first modification is that not the reducedfstess, damping and mass
matricesM, D andK available from the reduced order model of sectiof
are used to design the mode shaping modal controller, but those obtained fr
the identified reduced order model of sect®f. The second modification is
that filter Fex(S) of Eq. (7.33 is replaced by

P+ 20w1S+ a)i w% S+ w3

2 2,2
S + 2LowrS + w5 Wy W3

where,w;j = 2 f; with f; = 800 Hz, f, = 3 kHz andf; = 390 Hz,/; = 0.05,
and{, = 0.4. This filter compensates not only for the dynamics of the wire

Fext(S) =

(8.4)
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Fig. 8.3: Characteristic loci of loop gain matricés x, (s) for acceleration feedback without
using the modified control parameters and fifgk(s) of Eq. 8.4).

flexures by using a skew notch filter as in Ef.33, but also for the first-order
low-pass filter formed by the impedance of the voice coil actuator. It is similar
to the filter used in sectiofh.2

Closed loop stability can be checked using the generalized Nyquist criterion
[37]. This is done by plotting the characteristic loci (CL) of the loop gain
matrix for the corresponding controller. Each loop gain matrix is calculated
using the estimates of the frequency response functions from actuates fo
to accelerometer or force sensor signals. These are obtained in chiapher
CL for acceleration feedback are plotted in F8g3. At high frequencies the
maghnitudes of the CL are still above 0 dB. This means that an infinite control
bandwidth is obtained. Unfortunately, the phase angles of the CL all ttress
—180 phase line at a certain frequency, resulting in an unstable closed loop.

The instability is due to the high-frequency structural dynamics of the pay-
load that is not taken into account in the flexible body model. This dynamics
is causing a large increase of the magnitudes of the loop gains in the high-
frequency range where collocation between actuator and sensor islosh-
trast to the one-axis vibration isolator, the notch filteFig«(s) of Eq. 8.4) is
not dfective in compensating for the loss in collocation in the six-axes vibra-
tion isolator. The plots of the CL of sensor fusion and two-sensor castio
similar results. Therefore, the designed demonstrator setup is not suitable to
use with high-bandwidth control strategies, such as those derived iteciia
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8.3 Modified control parameters

To stabilize the system, the control bandwidth needs to be lowered. Heace, th
achievable isolation performance is also lower. Loop shaping filters axk us
to shape the controllers such that closed loop stability is obtained while the
performance is maximized. The details of the loop shaping filters are given
in appendixE. Acceleration feedback is considered first. Sensor fusion and
two-sensor control are discussed next.

8.3.1 Acceleration feedback

To lower the control bandwidth, the control parameters need to be cthange
First, the corner frequencies of the second-order low-pass filteff(g) of

Eq. (7.32 are lowered by a factor 3 as compared to the values listed in Ta-
ble 7.1 This results in a lower isolation performance of the vibration isolator,
since the high-frequency attenuation is depending on the values of thiese ¢
ner frequencies. By lowering these values, the magnitudes of all Cletoa/b

0 dB in the frequency range in-between 200 and 400 Hz. This is in-batwee
the frequencies of the internal modes and the modes due to the highffogque
structural dynamics. Next, a loop shaping filter is constructed such that the
phase angles of all CL are crossing th&80° phase line in-between 200 and
400 Hz.

The CL of the loop gain matrix using the modified control parameters and
the loop shaping filter are plotted in Fig4. It is observed that closed loop sta-
bility is obtained, since the phase angles of the CL cross-fl&fF phase line
at a frequency where the corresponding magnitudes are smaller thaartddB
the phase angles are all belevt80 at the six highest crossover frequencies.
However, the phases margins at the the crossover frequencies ieeme80
and 300 Hz are very small. The phase margins at the six lowest crogsmver
quencies in-between 1 and 3 Hz are also small. This is due to the secard-ord
high-pass filters in the controller and charge amplifiers for the accelerome-
ters, both with corner frequencies of 0.1 Hz (see secti@ By increasing
the damping ratios of the suspension modes or lowering their suspension fre
guencies, the phase margins at the lowest crossover frequenceadegen
smaller. That is the reason that damping ratios of only 40% are used.

To illustrate what the achievable performance is, the transmissibility and
deformation transmissibility matrices are calculated using the modified accel-
eration feedback controller on the flexible body model. Their diagonaksntr
are shown in Figsk.4 and E.5 of appendixE as the black lines. It is ob-
served that in-between 30 and 300 Hz, there are some resonanedrpbath
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Fig. 8.4: Characteristic loci of loop gain matricésx, (s) for acceleration feedback using the
modified control parameters and filteg,(s) of Eq. E.1).

the transmissibilities and deformation transmissibilities of the closed loop sys-
tem. These are due to the small phase margins at the crossover frequiencie
between 30 and 300 Hz. The small phase margins also cause the amplification
of the closed loop (deformation) transmissibility for theotation in-between

80 and 400 Hz, as compared to the open loop one, seetEKfe) andE.5e).
However, with the modified control settings it is still possible to achieve lower
transmissibility limits ranging from-20 to-35 dB.

8.3.2 Sensor fusion and two-sensor control

The same approach as for acceleration feedback is used for sesgor &nd
two-sensor control. The corner frequencies of the second-ondgrass filters

in F((s) of Eq. (7.32 are lowered by a factor 3 as compared to the values listed
in Table7.1and a loop shaping filter is constructed.

The CL of the loop gain matrices of sensor fusion and two-sensor control
using the modified control parameters and the loop shaping filter are plotted in
Figs.8.5and8.6. It is observed that closed loop stability is obtained, since the
phase angles of the CL cross th&8(®° phase line at a frequency where the
corresponding magnitudes are smaller than 0 dB and the phase angl#s are a
below-18C at the six highest crossover frequencies. The phase margins at the
the crossover frequencies in-between 30 and 300 Hz are somevwgettlzan
for acceleration feedback. Itis observed that the anti-resonantetieen 60
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Fig. 8.5: Characteristic loci of loop gain matricés, (s) for sensor fusion using the modified
control parameters and filt€(s) of Eq. E.2).

and 120 Hz are also better damped than for acceleration feedbaclefdreer
it is expected that the damping ratios of the internal in-between 75 and 300 Hz
can be increased.

To illustrate what the achievable performance is, the transmissibility and
deformation transmissibility matrices are calculated using the modified feed-
back controllers for sensor fusion and two-sensor control on thiblgelzody
model. Their diagonal entries are shown in FiggtandE.5 of appendixE as
the blue and red lines. It is observed that the peaks in-between 30 Ardiz30
in the transmissibilities and deformation transmissibilities of the closed loop
system, are (much) lower compared to acceleration feedback, in parficular
two-sensor control. This is because of the larger phase margins abtsecer
frequencies in-between 30 and 300 Hz. Note that there is no amplification of
the closed loop (deformation) transmissibility for theotation in-between 80
and 400 Hz, compared to the open loop one. With the modified control settings
for sensor fusion and two-sensor control, it is possible to achieve dlglimgt-
ter performance than for acceleration feedback.

8.4 Experimental results

The performance is analyzed in this section. Therefore the identifiedrirans
sibility and deformation transmissibility matrices are used. Since the measured
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Fig. 8.6: Characteristic loci of loop gain matricés x, (s) for two-sensor control using the
modified control parameters and filteg,(s) of Eq. E.2).

acceleration levels of the excited rigid floor plate are comparable to that of a
VC-D curve, itis useful to calculate the RMS acceleration levels of the paylo

as well and to use these as the ultimate performance measure of the vibration
isolator. The results are presented for acceleration feedbacky $esiem and
two-sensor control.

8.4.1 Acceleration feedback

The diagonal entries of the identified transmissibility matrix are plotted in
Fig. 8.7. The gray solid lines represent the open loop, the black solid lines
the closed loop using acceleration feedback. The coupling of the sispen
modes is well visible in the open loop transmissibility of tk¢ranslation
of Fig. 8.7(a), because multiple resonance peaks are visible (at about 8 and
13 Hz). In-between 1 and 100 Hz, the transmissibilities of the closed loop
match well with those of the black lines in Fig.4 obtained with the flexi-
ble body model, except for therotation, see Fig8.7(f). Since thez-rotation
cannot be excited using the piezoelectric actuators of the floor plateesee s
tion 8.1, it is not possible to obtain a reliable identification of this transmissi-
bility. This can also be concluded from the corresponding coheremexidm
which is displayed in Fig8.8(b). It is much smaller than the coherence func-
tion for the transmissibility of the-translation shown in Fig8.8(a).

Above 100 Hz, the measured accelerations also consist of the contribution



138 Chapter 8. Control experiments with a six-axes vibration isolator
—~ 20} —~ 20}
[a0)] m
S o0 S o
S S
3 -20 2 20
2 2
2 -40f 2 -40f
= =

—60r1 ‘ " ‘ —60r1 1 ‘

10t 10 100 1 16 10t 10 10* 1 10
Frequency (Hz) Frequency (Hz)

(a) fref,ll( f) = I:)Xfefxfloor(f)/ Pxﬂoorj{floor(f )

Magnitude (dB)
L
58 08

|
o]
o

107

10
Frequency (Hz)
(C) -i;ref,22( f) = Pyrefyfloor(f)/ nylooryfloor ( f ) .

100 10

N
o

Magnitude (dB)
Lo
S S o

|
)]
(@]

10 100 18 10

Frequency (Hz)
(e) TAref.33(f) = Pzrefiﬂoor(f)/Pzﬂoor?floor(f)'

10t

(b) -i;ref,44( f ) = Péx,reféx.floor(f )/ Péx,flooréx,floor( f )

|
N N
o O O

40t

Magnitude (dB)

|
o]
o

10 100 107 10°

Frequency (Hz)
(d) Tretss(F) = Piy etynoor ( )/ Pttooriyroo ( F)-

10?

N
o

|
N
o O

Magnitude (dB)

40}
60 ; ‘ RS
101 10° 10t 107 16
Frequency (Hz)

(f) fref,66( f) = Pézrefézﬂoor ( f)/ Pézfloorézfloor ( f)

Fig. 8.7: Diagonal entries of transmissibility matr‘fﬁgef(f) using acceleration feedback.

---- reference transmissibility
—— open loop

—— closed loop using acceleration feedback

of actuator noise and sensor noise, since the actual motion levels of tbagay
are very small. Therefore above 100 Hz, the transmissibilities are notlegliab
in particular these of the rotations. Each of the curves of the closed laop co
cides well with the curve of the corresponding reference transmissibitityg u
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Fig. 8.9: (a,b) PSDs and (c,d) cumulative PSDs of measured vibrations:(flcer ); payload
in open loop (——); and in closed loop using acceleration feedbaek— ).

a frequency that is close to the corner frequency of the corresppeditond-
order low-pass filter if(s) of Eq. (7.32. Each reference transmissibility is
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Table 8.1: RMS acceleration levels of the floor and payloads using acceleratiobdeled

mode shape  unit [Xnoorlrms Ol [¥reflrms Cl: [Xretlrms Ol [Xgreflrms  Cl: [Xareflrms

|

1 Xref mnys® 13.0 2.4 11 7.4 2.7
2 Yref mnys? 9.3 2.8 15 7.3 3.3
3 Zref mnys> 11.5 3.8 12 2.5 1.0
4 Ox ret mrads’  50.0 34.5 16.3 103.5 45.1
5 Oy ref mrads® 92.1 53.3 34.8 99.5 35.7
6 Oy ref mrads®> 29.4 52.1 19.2 69.9 325
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Fig. 8.10: Diagonal entries of transmissibility matrﬁqj,,ef(f) using acceleration feedback.
---- reference transmissibility
—— open loop
—— closed loop using acceleration feedback

a second-order low-pass filter constructed using the desired simpédres
quency for the corner frequency of the filter and the correspondangpthg
ratio. Similar as for the modeling results, there are some resonance peaks in th
closed loop transmissibilities in-between 30 and 300 Hz that are due to small
phase margins in the CL of the corresponding loop gain matrix. However, it is
concluded that the desired transmissibilities can be realized.

Instead of using the transmissibilities to analyze the performance, the plots
of the PSDs can also be used for this. The PSDs okttend z-translations
are shown in Figs8.9(a) and (b) for floor vibrations (light gray lines), payload
vibrations in open loop (dark gray lines) and payload vibrations in clossal lo
(black lines). Since the plots of the PSDs become noisy at high frequencies
the plots of the cumulative PSDs can also be used. The cumulative PSDs are
calculated as

f
cunmP,.(f) = fo P..(¢)do, (8.5)
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Fig. 8.11: (a,b) PSDs and (c,d) cumulative PSDs of measured vibrations: (flocr ); large
flexible payload (p2a) in open loop—+{—); and in closed loop using acceleration feedback

(—)-

where the final value cuRy,(f) is just the total power. The cumulative PSDs

of x- and z-translations are shown in Fig8.9c) and (d). These plots are
smoother than those of the PSDs. It is observed that the main contributions
to the total power are because of the peaks in the closed loop transmissibility
due to small phase margins in the CL of the corresponding loop gain matrix.
There is an additional contribution due to the peak around 900 Hz caysed b
the wire flexure dynamics. The sensor and actuator noise that apgeghat
frequencies have almost no contribution to the total power.

The RMS acceleration levels in-between 0 and 1 kHz of the floor plate and
payload can be calculated using E.Z%. These are listed in Tab1 The
levels of the closed loop are about a factor 2 or 3 smaller than those oféhe op
loop. This is not a large improvement, but it is mainly due to the small phase
margins obtained with the modified acceleration feedback controller.

Figs.8.1(0(@) and (b) show two diagonal entries of the identified deformation
transmissibility matrix, of thex- and ztranslation. It is observed that these
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Fig. 8.12: Impulse response of the vertical acceleratzgg;(t) of large flexible payload body
(p2a): (a) in open loop; (b) in closed loop using acceleration feedback

plots are more noisy than the plots of the corresponding entries of the iden-
tified transmissibility matrix. The other diagonal entries of the deformation
transmissibility matrix are even more noisy. All coherence functions are very
small. Therefore, it is better to use the corresponding PSDs of the mdasure
accelerations of the large flexible payload body (p2a), shown in Big4(a)

and (b), and their cumulative PSDs, shown in F§4.1(c) and (d). It is ob-
served that the total power of tixetranslation is due to many resonance peaks,
while the total power of the-translation is very small. The RMS acceleration
levels are calculated as listed in TaBld as well. The levels of the closed loop
are also about a factor 2 to 3 smaller than those of the open loop.

To illustrate how much damping is added to the internal modes, the impulse
responses of the large flexible payload body (p2a) in open loop andsactlo
loop are determined, see Figs12a) and (b). Therefore, an impulse force
with an amplitude of 0.1 N and a duration of 5 ms is added to all actuators
simultaneously and the acceleration of the large flexible payload bodyi§2a)
measured in vertical direction. It is visible that the decay rate in closed loop is
much smaller than in open loop, which means that significant damping is added
to the internal mode. By counting the number of periods of the vibration mode
it is calculated that the resonance frequency of this mode drops froril128
to 88 Hz.

8.4.2 Sensor fusion

The diagonal entries of the identified transmissibility matrix using sensor fu-
sion are plotted in Fig8.13 The gray solid lines represent the open loop, the
black solid lines the closed loop using sensor fusion. In-between 1 &ndA4,0
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Fig. 8.13: Diagonal entries of transmissibility matr‘ﬁqef(f) using sensor fusion.
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the transmissibilities of the closed loop match well with those of the blue lines

in Fig. E.4 obtained with the flexible body model, except for theotation,

see Fig8.13f), which is due to the same reason as for acceleration feedback.

Similar as for the modeling results, the parasiti¢fséss is the reason why
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Fig. 8.14: (a,b) PSDs and (c,d) cumulative PSDs of measured vibrations:(flcgr ); payload
in open loop (——); and in closed loop using sensor fusior).

that the closed loop transmissibility curves do not coincide with those of the
reference transmissibilities. This can be observed in particular for the-tran
missibilities of thex- andz-translation, which deviate from their corresponding
reference transmissibilities and show a rdli+ate that is slightly less than the
desired-40 dB/decade, see Fig8.13a) and (e). This indicates that the de-
sired mode shapes, and therefore also the desired transmissibilitiest lbanno
realized using sensor fusion. This is because the contribution of thsifpara
stiffness to the total gfhess matrix is not considered in the eigenvalue problem
of Eq. (7.10 that is used to determine the desired mode shapes.

The plots of the PSDs and cumulative PSDsxefand z-translations are
shown in Figs8.14a) and (b) and.15a) and (b). These are calculated for
floor vibrations (light gray lines), payload vibrations in open loop (dadkyg
lines) and closed loop (black lines), and large flexible payload (p2aatiims
in open loop (dark gray lines) and closed loop (black lines). The resudts a
quiet similar to those obtained with acceleration feedback, however withsvalue
of the total power that are lower. Especially the cumulative power at 106f Hz
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Fig. 8.15: (a,b) PSDs and (c,d) cumulative PSDs of measured vibrations: (flocr ); large
flexible payload (p2a) in open loop-{—); and in closed loop using sensor fusioa+).

Table 8.2: RMS acceleration levels of the floor and payloads using sensor fusion.

mode shape  unit [Xioorlrms Ol [Xrerlrms  Cl: [Xreflrms Ol [Xqrelrms  Cl: [Xqreflrms

|

1 Xeef mnys  13.0 2.4 0.9 7.4 2.2

2 Vret mnys? 9.3 2.8 1.0 7.3 2.2

3 Ziet mnys  11.6 3.8 0.9 25 0.7

4 Oyrer mrags’>  50.0 345 11.7 103.5 28.3
5 Byref mrags’>  92.1 53.3 25.4 99.5 24.9
6 O ret mrads’®  29.4 52.1 10.9 69.8 29.2

the large flexible payload acceleration of tkéranslation is about two times
smaller than for acceleration feedback. This means that the internal modes
of the payload are much better damped for sensor fusion as for admaiera
feedback. This can also be concluded from the RMS acceleration levels in
between 0 and 1 kHz, see Tall& These are about a factor 1.5 lower than
for acceleration feedback, so a factor 3 to 5 lower than for the open loop
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Fig. 8.16: Impulse response of the vertical acceleratzgg;(t) of large flexible payload body
(p2a): (a) in closed loop using sensor fusion; (b) in closed loop usiogsemsor control.

To illustrate how much damping is added to the internal modes, the impulse
response of the large flexible payload body (p2a) in closed loop usitgpse
fusion is determined, see Fi§.16a). By comparing it to Fig8.12b), it is
visible that the decay rate in closed loop using sensor fusion is only a little bit
smaller than in closed loop using acceleration feedback. This means that the
damping added to the internal mode is even larger. The resonancerfogaie
this mode is calculated as 88 Hz, the same value as for acceleration feedback

8.4.3 Two-sensor control

The diagonal entries of the identified transmissibility matrix using two-sensor
control are plotted in Fig8.17. The gray solid lines represent the open loop,
the black solid lines the closed loop using two-sensor control. In-between 1
and 100 Hz, the transmissibilities of the closed loop match well with those of
the red lines in FigE.4 obtained with the flexible body model, except for the
z-rotation, which is due to the same reason as for acceleration feedlegck, s
Fig. 8.17f). There are no resonance peaks in the transmissibilities in-between
30 and 300 Hz due to larger phase margins in the loop gains of two-semwsor ¢
trol as compared to those of acceleration feedback. The closed logpisan
sibility curves coincide with those of the reference transmissibilities, although
there are small deviations for the andy-rotation, see Figs8.17b) and (d).
This is probably due to the parasiticfitiess which fiects the force feedback
controller of the two-sensor control strategy. However, it is conclutiati
the desired mode shapes and thus the desired transmissibilities can be realized
using two-sensor control.

The plots of the PSDs and cumulative PSDsxefand z-translations are
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Fig. 8.17: Diagonal entries of transmissibility matr‘ﬁqef(f) using two-sensor control.
---- reference transmissibility
—— open loop
—— closed loop using two-sensor control

shown in Figs8.18a) and (b) and.19a) and (b). These are calculated for
floor vibrations (light gray lines), payload vibrations in open loop (dawikyg
lines) and closed loop (black lines), and large flexible payload (p2aa-vibr
tions in open loop (dark gray lines) and closed loop (black lines). Thétses
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Fig. 8.18: (a,b) PSDs and (c,d) cumulative PSDs of measured vibrations:(flcgr ); payload
in open loop (——); and in closed loop using two-sensor contreH-).

are quiet similar to those obtained with sensor fusion, with values of the total

power that are almost the same. It means that the internal modes of thedhayloa
are also well damped using two-sensor control. This can also be codclude

from the RMS acceleration levels in between 0 and 1 kHz, see Babl&hese

are almost the same as for sensor fusion, so a factor 3 to 5 lower tharefor th

open loop.

To illustrate how much damping is added to the internal modes, the impulse
response of the large flexible payload body (p2a) in closed loop using two
sensor control is determined, see Reglgb). The result is similar to two-
sensor control. This means that the damping added to the internal mode is very
large. The resonance frequency of this mode is calculated as 88 H4) ishic
the same value as for acceleration feedback and sensor fusion.

Based on the observation that with two-sensor control the desired transmis
sibilities can be realized, there are no resonance peaks in the transmissibilities
and deformation transmissibilities due to small phase margins, and the RMS
acceleration levels of the payload bodies are very small, it is concluded that
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Fig. 8.19: (a,b) PSDs and (c,d) cumulative PSDs of measured vibrations: (flocr ); large
flexible payload (p2a) in open loop-{—); and in closed loop using two-sensor contreH-).

Table 8.3: RMS acceleration levels of the floor and payload using two-sensor ¢ontro

mode shape  unit [Xioorlrms Ol [Xrerlrms  Cl: [Xreflrms Ol [Xqrelrms  Cl: [Xqreflrms

|

1 Xeef mnys  13.0 2.4 0.8 7.4 2.1
2 Vret mnys? 9.3 2.8 1.0 7.3 2.1
3 Ziet mnys  11.6 3.8 0.8 25 0.6
4 Oyrer mrags’>  50.0 345 9.7 103.5 24.4
5 Byref mrags’>  92.1 53.3 22.0 99.5 221
6 O ret mrads’®  29.4 52.1 10.0 69.8 28.7

the two-sensor control strategy results in the best performance. With two-
sensor control the damping ratio of internal modes can be increased-signifi
cantly, which is also one of the performance objectives stated in setton
The best isolation performance is obtained Zgranslation, with a reduction
from the suspension frequency of 10 Hz in open loop to 1 Hz in closed loop
and a lower transmissibility limit of30 dB, see Fig8.17e).
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8.5 Discussion

In section8.2it is shown that in each leg of the develop demonstrator setup the
loss of collocation between the actuator and sensors, together with the-contin
uous structural dynamics of the suspended payload limits the availablelcontro
bandwidth. As a consequence additional loop shaping filters are rddoire
obtain a stable closed loop, in particular for acceleration feedback. d-or a
celeration feedback, additional loop shaping filters are required evberi
would be no loss of collocation. This is explained below.

The magnitudes of the CL of the transfer function matrix from actuator
forces to accelerometer signals show large increases at high fréggiesee
Fig. 6.2 These are due to many resonances and anti-resonances in this fre-
guency range, with relative large separations between each resarahanti-
resonance, causing increases in the magnitudes. These incredsss appar-
ent in the magnitudes of the CL of the transfer function matrix from actuator
forces to force sensor signals, see F@. This results in higher crossover
frequencies in the loop gains of acceleration feedback as comparettéo fo
feedback. Hence, acceleration feedback results in a higher coatrdirtidth
than force feedback. This is also visible in the loop gains of acceleratiah fe
back and force feedback of the one-axis vibration isolator shown irBFg.

In chapter? it is shown that a higher rollfd rate for the acceleration feed-
back controller is used for sensor fusion and two-sensor contrarapared
to acceleration feedback. So, at high frequencies the relative cditrilaf
acceleration feedback to the loop gains is smaller and that of the force feed
back controller is larger. Therefore, the increases at high freigeit the
loop gain matrix from actuator forces to accelerometers signals are less impor
tant for sensor fusion and two-sensor control. This is an additiona@radge
of sensor fusion and two-sensor control over acceleration fekdbac

However, it is suggested to improve the mechanical design of the six-axes
active hard mount vibration isolator such that in each leg the actuator and se
sors are collocated, or at least that the frequency at which collocatiost i$s
much higher. In chaptés it is demonstrated that in the developed demonstra-
tor setup the wire flexure dynamics is causing the loss of collocation. The wire
flexures are used to make each leg of the vibration isolator compliant in all
parasitic directions in order to obtain a low parasitiefistiss. Unfortunately,
its axial stithess is also limited and a trad&-between a high axial sthess
and a low parasitic dtiness has to be made. In sect®B.1it is shown that
the parasitic sffness introduced by the wire flexures is still high, resulting in
a lower performance of sensor fusion, see sedidn2 Therefore, it is rec-
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ommended to change the design of the legs such that the wire flexures can
be omitted and are replaced by an alternative design solution. This solution
must provide a much higher axialtiess and a much lower parasitidistess
as compared to wire flexures. The interested reader is referréd|téof an
example of a leg design without wire flexures.

The measured acceleration signals used to determine the performance also
contain contributions of actuator noise and sensor noise of the acceteresme
in particular at high frequencies and at frequencies below 1 Hz. Taeiribu-
tions become more important if the level of floor excitation is lower. Therefore
it is suggested to replace the accelerometers with some that have a lower noise
level. References3f] and [59) present some comparisons between various
accelerometers with ultra-low noise levels. It is shown that the noise PSD of
an Endevco 87-10 piezoelectric accelerometer is about 100 times lower than
that of an Endveco 7703A-1000 piezoelectric accelerometer, whichsae
for the demonstrator setup. The usable bandwidth of the Endevco 87a10 is
least 400 Hz which is still dticient for the control strategies presented in chap-
ter 7. In addition, these sensors do not contain high-pass filters in the charge
amplifiers and as a consequence it is possible to obtain larger phase naargins
the lowest crossover frequencies in the loop gains. Therefore, rugineping
ratios of the suspension modes can be realized. More information about the
modeling of noise in piezoelectric accelerometers can be fourtDirBf)].

The noise level of piezoelectric force sensors is in general well belatv th
of the high-end piezoelectric accelerometers and therefore doesmdbate
to the total noise level, sed, 53]. Actuator noise is mainly due to noise of
the power amplifiers. Therefore, it is suggested to match the power amplifiers
with the expected power consumption of the actuato® [

Finally, it is suggested to add two horizontally placed piezoelectric actuators
to the rigid floor plate such that thetranslation and-rotation can be excited
as well. Then itis possible to obtain more reliable estimates of the correspond-
ing transmissibilities. It is also suggested to mount six accelerometers at the
large flexible payload body instead of one, such that the deformationmrsns
sibility matrix can be identified in one shot, which improves the estimates of
the deformation transmissibilities.

8.6 Conclusions

The control strategies that are presented in chaptee successfully imple-
mented on the demonstrator setup of the six-axes active hard mount vibration
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isolator, although with modified control parameters. It is shown that it is not
possible to obtain closed loop stability using the desired high control band-
width. This is due to the loss of collocation between actuator and sensors
at about 900 Hz, together with the high-frequency structural dynanfideeo
demonstrator setup. In contrast to the one-axis vibration isolator, the notch
filter used in the loop shaping filters in chapieis not &fective in compen-
sating for the loss in collocation in the six-axes vibration isolator. Thergfore
alternative loop shaping filters are designed.

Demanding a lower isolation performance and using the alternative loop
shaping filters, closed loop stability can be obtained. It is shown that the per
formance of the vibration isolator regarding the transmissibilities and deforma-
tion transmissibilities match well with the modeling results of appeadixat
are obtained using the same modified control parameters on the flexible body
model described in sectidh3. The desired mode shapes can be successfully
realized using the identification model obtained in chafter

The best results are obtained using two-sensor control, since theddesire
mode shapes, and therefore the desired transmissibilities, are realirezl| as
as the desired suspension frequencies and damping ratios. This is the firs
performance objective stated in sectid®. The best isolation performance
is obtained for the-translation, with a reduction of the suspension frequency
from 9.8 Hz in open loop to 1 Hz in closed loop and a lower transmissibil-
ity limit of —30 dB, which is close to the transmissibility of the ideal active
soft mount vibration isolator of sectidh5. The damping ratios of the internal
modes can also be increased, which is the second performance objastive
is demonstrated by showing plots of the impulse response. The third objec-
tive, which is providing a sff suspension, has already been realized by using
hard mounts. The suspension modes are required to be at least 5 Hz. This
requirement is fulfilled since the frequencies of the suspension modes of th
demonstrator setup range from 7.0 to 18.1 Hz. Finally, the lowest RMS accel-
eration levels are obtained with two-sensor control. Forzttranslation, the
floor acceleration of 11.6 mfsf RMS has been reduced to 0.6 risfat the
payload, which is a reduction of about 25 dB.

Suggestions for improving the design of the six-axes vibration isolator to
obtain collocation between actuator and sensors are made. It is alsc®ijge
to use accelerometers with a lower noise level to improve the isolation perfor-
mance in case of very low levels of floor vibrations.



CONCLUSIONS AND
RECOMMENDATIONS

Chapter

9.1 Conclusions

The aim of this thesis is to develop an active hard mount vibration isolator for
precision equipment. It is designed to obtaiffigient isolation of both floor
vibrations and direct disturbance forces as well as to add damping to the in-
ternal modes of the suspended equipment. It is capable of fulfilling all these
functions while simultaneously providing af§uspension to the equipment.
First, several feedback control strategies for a one-axis activerhaunt vi-
bration isolator have been presented. Both modeling results and expetimenta
results have demonstrated that all these functions can be fulfilled simultane-
ously. Next, the design, modeling and system identification of a demonstrator
setup of a six-axes active hard mount vibration isolator have been déstus

A modal controller has been derived that can be used for tuning therssisp
frequencies, damping ratios and mode shapes of the vibration isolatef’s su
pension modes. The modal controller can only be derived if the mass, damp-
ing and stifness matrices are known, which are obtained from either the model
or system identification. Finally, the applicability of the modal controller has
been demonstrated by performing closed loop experiments with the demon-
strator setup. In the remainder of this section, the conclusions of the psevio
chapters are summarized.

In chapter3 several control strategies for a one-axis vibration isolator have
been proposed using acceleration feedback, force feedbackaoonliration
of both. It has been shown that acceleration feedback outperfonees fieed-
back in lowering the transmissibility and providing affsfuspension. How-
ever, both acceleration and force feedback are not capable oagicgethe
damping ratio of the internal modes. For that reason, two novel contabéstr
gies have been derived. A sensor fusion strategy has been pdoposhich
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the acceleration signal is used at low frequencies and the force sigmgha
frequencies. A two-sensor control strategy has been proposedid wie
force feedback controller is 9®ut of phase with the acceleration feedback
controller in the frequency range where damping of the internal modes is de
sired. It has been shown that the maximum achievable damping ratio of an
internal mode is determined by the ratio of the anti-resonance frequencies f
acceleration and force feedback. All three performance objecttedsdsin
chapter2 have been realized simultaneously using either sensor fusion or two-
sensor control. The transmissibility of floor vibrations has been made compa-
rable to that of an ideal active soft mount vibration isolator with a suspensio
frequency of 1 Hz and a lower transmissibility limit 662 dB. Furthermore,

the damping ratio of the internal mode has been increased to 43% at maximum
and the suspension itiess has been increasethb0 times as compared to the
ideal active soft mount. An additional advantage of both control stragegjie
that the system’s susceptibility to direct disturbance forces is significantly de
creased in the frequency range between 0 and 120 Hz as comparedtieethe
active soft mount.

In chapterd the control strategies presented in cha@tbiave successfully
been implemented on an experimental setup of a one-axis active hard mount
vibration isolator. The experimental results match well with the modeling re-
sults in the frequency range from 1 to 250 Hz. Below 1 Hz and above 250 H
sensor and actuator noise make the estimates of the performance transfer f
tions less reliable. It has been observed that for all control strategiepiefor
acceleration feedback, it is not possible to compensate for vibrationariat
being transmitted onto the suspended payload by means of parasitie i
paths. These vibrations result in a higher transmissibility and deformation
transmissibility. For a successful implementation of the control strategies, it
has been necessary to add a loop shaping filter to the controllers to catgens
for the dynamics of the actuator and charge amplifiers of the acceleromdter a
force sensor as well as for the loss of collocation between actuatoeasndrs.

Chapter5 describes the design and realization of a six-axes active hard
mount vibration isolator and a demonstrator setup suspending a 10.9 kg pay-
load. A rigid body model describing its suspension dynamics has beesmderi
to get insight in how the six suspension modes depend on the mass and inertia
properties of the payload, as well as on the axidlratiss of the legs and sev-
eral other design parameters. A flexible body model has been presehied
can be used to analyze th€ext of the payloads flexibilities. From this model,

a reduced order model has been derived using Guyan reductionedhecd
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order model is a more accurate representation of the suspension dytizamics
the approximate model, since the bending and torsiorféhess of the legs as
well as the &ect of an asymmetric payload are taken into account. The models
describing the suspension dynamics have been used to derive the amps, d
ing and stithess matrices that are used to design the modal controller explained
in chapter?.

In chapter6 a novel three-steps method for the system identification of the
active hard mount vibration isolator has been proposed. It has begntas
validate the models of chaptgand to identify the reduced finess, damping
and mass matrices that are used to design the modal controller of cBapter
For the system identification several methods described in literature here be
combined. In the first step, characteristic loci have been used fortiheaésn
of poles. This allows to separate modes with closely spaced poles from each
other. It has been shown that the proposed method outperforms the widely
used LSCF estimator for the identification of closely spaced poles. In the sec
ond step, a state-space model describing accelerance transfer ignctie
been derived. In the third step, the reduced mass, damping dims$i ma-
trices have been calculated. The proposed system identification method has
successfully been applied to experimental data from the demonstrator setup

In chapter7 a mode shaping modal controller has been derived for the six-
axes active hard mount vibration isolator. With this modal controller, the res-
onance frequency, damping ratio and mode shape for each susparsien
can be tuned. The mode shapes can be chosen arbitrarily, providdtiehat
modal matrix containing the mode shape vectors is of full rank. It can ki use
with both acceleration and force feedback, although force feedlmapkres
the parasitic sffness and damping being small and negligible. The modal
controller can be simplified to a diagonal controller using an input and out-
put decoupling matrix that (approximately) decouple the system’s plant. This
allows to use additional filtering for each suspension mode individually, and
to extend the sensor fusion and two-sensor control strategy from diaxis
vibration isolator to the six-axes vibration isolator. It has been shown tkat th
best performance is obtained for acceleration feedback and tworszmdrol.

In chapter8 the applicability of the mode shaping modal controller has suc-
cessfully been demonstrated by performing closed loop experiments on the
developed demonstrator setup, although with modified control parameters. |
has been shown that closed loop stability cannot be obtained using thelcontr
parameters of chapt& This is due to the loss of collocation between actu-
ator and sensors, together with the high-frequency structural dynarfiilce
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demonstrator setup. Demanding a lower isolation performance and using ad-
ditional loop shaping filters, closed loop stability can be obtained. It has bee
shown that the performance of the vibration isolator regarding the transmis-
sibilities and deformation transmissibilities matches well with the modeling
results. The best results have been obtained using two-sensor control.

Based on the presented work in this thesis it is concluded that two-sensor
control as proposed in sectioBst and7.6is the best control strategy for an
active hard mount vibration isolator. The desired mode shapes andaditeeref
the desired transmissibilities can be realized, as well as the desired suspen-
sion frequencies and damping ratios. It is possible to increase the damping
ratios of the internal modes. The best isolation performance of the dextlop
demonstrator has been obtained for #teanslation, with a reduction of the
suspension frequency from 9.8 Hz in open loop to 1 Hz in closed loop and a
lower transmissibility limit of-30 dB, which is close to the transmissibility
of the ideal active soft mount vibration isolator as has been defined m cha
ter2. The damping ratios of the internal modes can be increased as well as has
been demonstrated in chapterA stiff suspension has already been realized
by using hard mounts. The requirement that the suspension modes astat le
5 Hz, has been fulfilled since the frequencies of the suspension modtles of
demonstrator setup range from 7.0 to 18.1 Hz. The control experimergs hav
demonstrated that the lowest RMS acceleration levels of the payload are ob-
tained with two-sensor control. For tlzdranslation, the floor acceleration of
11.6 mmis?> RMS has been reduced to 0.6 rsfat the payload, which is a
reduction of about 25 dB. It has been motivated that with two-sensarat@n
lower control bandwidth is required as compared to acceleration felkedbac

The achievable performance of the demonstrator setup has been limited for
mainly two reasons: due to the loss of collocation between the actuator and
sensor in each leg, the control bandwidth is limited; due to actuator andrsenso
noise, the RMS acceleration levels of the suspended payload are limited.

9.2 Recommendations

Some recommendations for further research are proposed:

e The mechanical design of the six-axes active hard mount vibration iso-
lator needs to be improved. Since all control strategies require a high-
bandwidth controller, it should be aimed for a mechanical design such
that in each leg the actuator and sensors are collocated or at least that the
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frequency at which collocation is lost, is much higher (at least 2 kHz).
Furthermore, a lower parasitic ftiess is desired, since this limits the
performance for sensor fusion and two-sensor control.

e Active vibration isolators for precision equipment are used to isolate the
equipment from very quiet floors, with acceleration levels that may be
below that of a VC-E curve. Sensor noise of the accelerometers may
limit the performance regarding the acceleration level of the suspended
equipment. Therefore, it is suggested to use accelerometers with ultra-
low noise levels, such as the Endevco 87-28|[ This accelerometer
combines an ultra-low noise level with a usable bandwidth of at least
400 Hz.

e To obtain a reliable identification of the transmissibility and deformation
transmissibility matrix in all degrees of freedom, it is recommended to
be able to excite the rigid floor plate of the developed demonstrator setup
in all directions. In the current setup, tiydranslation andz-rotation
cannot be excited. Therefore, two horizontally placed piezoelectric ac-
tuators should be added to the setup.

e In [10] the use of two-sensor control for active soft mount vibration
isolators is investigated. The proposed control strategy is based on a
combination of acceleration and displacement feedback. Therefore, an
accelerometers is placed on the equipment and a displacement sensor is
mounted between the floor and the suspended equipment. It is thought
that with a lower control bandwidth the same performance objectives can
be realized as for active hard mount vibration isolators. This simplifies
the mechanical design of the vibration isolator.
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M AXIMUM ACHIEVABLE
DAMPING FOR SENSOR FUSION

In this appendix a formula is derived to calculate the maximum achievable
damping ratio of the internal mode using the control strategy of chaptkat
is based on sensor fusion.

How the damping ratio of the internal mode depends on the filter pple
is determined by the location of the closed loop poles in the complex plane.
The closed loop poles can be calculated from the solution of the charéicteris
equation
1+ LraFa(9) =0, (A.1)

whereL x, F.)(S) is the loop gain for sensor fusion given by

Lt (5.F5) (8) = Hir(S)(LF(S)Gsyr4(S) + P mZHF(S)GFsFa(S))’ (A.2)

which is the same equation as E.47). H(s) is the improved controller
given by Eq. 8.19, LF(s) andHF(s) are the first-order low-pass and high-
pass filters given by Eq3(26). Plant transfer functionSx,r,(s) andGg,(9)
are given by Eqs.3(17) and (3.23 respectively.

To calculate the closed loop poles corresponding to the internal mode it is
suficient to use the approximation bf x, r,)(S) arounds = jwr Wherewr is
the resonance frequency of the internal mode, which is 93 Hz. Using tb& ma
and stifness properties of the hard mount and the controller parameters as in
chapter3, the following approximations can be made:

P LM + ko)
Gsura(S~ jwr) ~ S+ )T + o)~ 2
N P(mps? + ko) 1 L+ wly A3
T HmmeE k(M ) ML+

aFs
Gr (S~ jwRr) = 1, (A.4)
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wherew, s, andwayr, are given by Eqs.3.18 and @.24) respectively. Substi-
tuting Egs. A.3) and A.4) into Eq. (A.2) yields for Eq. A.1)

2
(Up 1 32 + waj(l 1 S

s+a)|om152+w§|:S My + My S+ wp

1+ H(s~ jor)( )=0. (AB5)

In Fig. 3.5(b) the loop gain for sensor fusion is shown as the black dashed line.
It is observed that around the resonance frequency of the interrae,ntioe
loop gain is much larger than 1, $6x, F,)(S = jwr) > 1. This means that
Eqg. (A.5) can be approximated by

2
wp 1 S +wiy, 1 S

s+wpm1§+wiFs My + My S+ wp

2

. 1 aj{l S
Ho(s~ iw zp =0. (A6
(5~ R)s+wp(m152+(,,§F +m1+mz) (A.6)

Hi(s ~ o) )=0

a)p52+(1)

So the closed loop poles corresponding to the internal mode depend only on
the part between brackets in E&.§). These closed loop poles are found by
solving

2
M &+ wie M+
This equation can also be written as
£+ w?,
97 "Tax 19 (A.8)
S+ wiFs

where gaing = wp(My + Mmp)/mMy. The solution of Eq.4.8) is given in for
example fi5] as

WaFg

WaF
0 = war, wa *, such thatwp = WarF.

(A.9)
a X1 my mp (Ua,iil

This solution is obtained fos = j \/wax, war, and the maximum achievable
damping ratio is found as

1

gmax = 2

(A.10)

Wa, %y

a)aaFS _ 1‘



INTERNAL DEFORMATION
RESPONSE

In this appendix a relation is derived between the open loop response of the
internal deformationAX(s) and the closed loop response in case of a two-
sensor control strategy. It follows that the closed loop performancaledie

open loop performance scaled with the sensitivity funcliga + L(s)), which

is the same relation as in single-input single-output systems.

Consider the control scheme for the two-sensor control strategy with the
closed loop plant in FigB.1. When neglecting the direct disturbance force
Fq4(s), the outputAX(s) can be written as

AX(S) = Gaxso(9X0(9) + Gaxr.(9)Fa(9). (B.1)
The actuator force equals
Fa(s) = —(Hx,(9X1(8) + Hr,(Fs(9)). (B.2)
The sensor outputs can be expressed as
Xu(s) = lexo(S)X_o(S) + Gy ra(9Fa(9), (B.3)
Fs(S) = Grxo(9)Xo0(S) + Grr,(S)Fa(9). (B.4)

The sensor outputs of Eq$8.8) and B.4) are substituted into EqB(2)

Fa() = —Hs, (9(Gsgso Xo(9) + Gsyro(S)Fa(9))
~Hr(9(GF40(5)Xo(9) + GrF.(9Fa(9) (B.5)

Rewriting Eq. B.5) gives the closed loop transfer function from floor vibra-
tions to actuator force

Hs, ()G (S) + HE(S)Grso(S)

e = (96w (9 + H. (959

Xo(s). (B.6)
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Xo AX
—> —>
Fq X

T

—>» G(S) >» HX1 (S)
a Fs ;
’_> » HFS(S)

Fig. B.1: Control scheme of two-sensor control.

This expression foF 4(s) is substituted into EqH.1):

Hi, (9)Gixy50(S) + HE(S)GF.x(S)
1+ Hy, (9)GsyFo(S) + HE(S)GFF.(S)

)Xo(s).

(B.7)
This means that the closed loop transfer function from floor vibratiyts)
to internal deformatiom X(s) can be written as

Hs, (9)Gsiy0(S) + HE((S)Gres0(9)
1+ Loro) (9 '

AX(S) = (Gaxso(S) — Gaxr.(9)

AX(S)
Xo(s)

In Eq. B.8) the loop gainLz 5,,Fy)(S) = Hs(S)Gsyra(S) + Hr()Grer,(). To
simplify Eq. B.8) a substitution foGaxr,(S) is derived

= Gaxso(S) — Gaxr,(9)

(B.8)

AX(9) _ AX(9) Xo(S) Xl(S) _ Gaxso(S)GsyF4(S)
Fa(s)  Xo(s) Xu(s) Fa(9) Gsso(9)

Eq. B.9) is substituted into EqH.8) yielding

Hs, (8)GsyFa(S) + HE(9)GF5(5) /Gy 0 (S) * GsiyFa(S)
1+ Losy,ro(9)

Gaxr.(S) = (B.9)

AX(S) )
Xo(s) '
(B.10)
In a similar way it can be shown th&r_x,(S)/Gs,5,(S) - GsuF.(S) = Grra(9),

which means that the nominator iB.10) equals the loop gaithy (s, Fo)(9)-
This leads to the final result:

AX(s) ) 1
Xo(s) a3 L2 (s.Fe)(S)

which states that the closed loop internal deformation is equal to the open loop
internal deformatior®Gaxy, (S) scaled with the sensitivity/11 + Lo (x,,F)(9))-

= Gaxto(S)(1 -

(B.11)



COHERENCE FUNCTIONS

Appendix

Coherence functions for the experiments with the one-axis vibration isolator.

Acceleration feedback
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Fig. C.1: Coherence functions corresponding to: (a) transmissibfiit§); (b) compliance

C(f); (c) deformation transmissibilitff4(f); (d) deformability D(f); open loop (—) and
closed loop using acceleration feedbaek+).
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Appendix C. Coherence functions

Force feedback
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Fig. C.2: Coherence functions corresponding to: (a) trangmissib'ﬁ(t?); (b) compliance
C(f); (c) deformation transmissibilityf4(f); (d) deformability D(f); open loop (—) and

closed loop using force feedback+).
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Sensor fusion
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Appendix C. Coherence functions

Two-sensor control
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Fig. C.4: Coherence functions corresponding to: (a) trangmissib'ﬁ(t?); (b) compliance
C(f); (c) deformation transmissibilityg4(f); (d) deformability D(f); open loop (——) and
closed loop using two-sensor contreH—).



SIMPLIFICATION OF THE MODE
SHAPING MODAL CONTROLLER

In this appendix it is shown that the mode shaping modal controller derived
in chapter?, which is a centralized controller (each actuator interacts will all
sensors), can be simplified to a centralized controller (each actuatoracter
only with its collocated sensor and for each actuator-sensor-pair the same
controller is used). However, with this centralized controller it is no longer
possible to individually tune suspension frequency and damping ratio bf eac
mode.

The expressions for proportional gain matkiy of Eq. (7.18 and integral
gain matrixK, of Eq. (7.19 of the mode shaping modal controller for acceler-
ation feedback simplify significantly for the choi€k, = wnls, En = 2lhwnls
and®, = ®, such that,, = Pg:

Ka = BgX(Kw,? - M)C;t (D.1)

and
Ky = 2/hwn(BIMCot + K ) — BiDCSL. (D.2)

These expressions are equal to the ones derivegDjnwhich are based on the
modal decoupling approach described 27][ For this particular choice, the
suspension frequencies of the six suspension modes are the same.thienc
corresponding mode shapes can be any linear combination of the orgiogon
coordinatescet and there is no need to tune the mode shapes.

Further simplification is possible if,, is chosen to be much lower than the
smallest open loop suspension frequency, which resul&ip? > M, such
thatM can be omitted in EqsD(1)—(D.4). To guarantee an exact constrained
design (see sectidn 1), the di-diagonal elements & are much smaller com-
pared to the diagonal elements, since a diagonal element representgathe ax
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stiffness of a legk, which is designed to be ffiin the axial direction. There-
fore,K ~ klg. If D is negligible, Egs.0.1) and ©.2) reduce to:

Ka= w;?kB51C5l, (D.3)
Ky = 2nwntkBgCol. (D.4)

This means that a very simple decentralized feedback strategy alreaitty res
in approximate modal decoupling. However, both simplifications described in
Egs. 0.1)-(D.4) do not allow to change the mode shapes of the closed loop
system with respect to the open loop system or to set the suspensioarfcegqu
of each suspension mode individually. So the mode shapes of the vibration
isolator in closed loop are the same as those in open loop.

In a similar way the simplified expressions for the proportional and integral
gain matrices corresponding to the mode shaping modal controller for force
feedback can be obtained.



MODELING RESULTS FOR THE
MODIFIED CONTROL SETTINGS

In this appendix the modeling results for the modified control settings de-
scribed in sectiorB.3 are presented. Next to the plots of the characteristic
loci (CL) that are used to check closed loop stability, the diagonal elenoénts
the (deformation) transmissibility matrix are shown.

The results are obtained with the mode shaping modal control strategy pre-
sented in sectiof@.4 using the flexible body model described in sectiof
The following control settings are defined. The reduced mass, dampihg an
stiffness matriceM, D andK are available from this model. Input and output
matricesB, andC, are identity:B, = Co, = lg, since the actuators and sen-
sors are co-aligned with the degrees of freedom (D@Esyvhich are the leg
extensions. The reference framey 2) is located in poinp at the elastic cen-
ter of the payload and the desired suspension mode shapes are chpsea a
translations and rotations @fin the directions ok, y andz, hence®,, = lg.

The control parameters for the mode shaping modal controller are listed in
TableE.1L These are equal to those in Talfld except for the values aby;
which are all three times lower compared to TaBlé The values for the
filter poles of the low-pass and high-pass filters used for sensor flisied in
Table7.2are repeated in TabE.2 The controller gains for the force feedback

Table E.1: Control parameters for the mode shaping modal controller.

mode shapewy (rad's) i (1) wri (rad's) &i ()

|

1 X 273 04 =15 0.07
2 y 2n-3 04 2215 0.07
3 z 211 0.4 Z7.5 0.07
4 Ox 2r-2.5 04 2125 0.07
5 Oy 2n-2.5 04 2125 0.07
6 0, 212 04 10 0.07
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Table E.2: Frequencies of the anti-resonances and poles, and controller gains.

mode shapew, s, (rads) wsr, (rads) wy (rads) ki (-)

|

1 X 2r- 68.5 Zr- 75.1 2644 6.110°
2 y 2n- 72.9 Zr- 80.9 269.2 5.810*
3 z 2n-107.4 1424 %933 17.710%
4 Ox 2r- 56.4 Zr- 80.6 2472  9.010*
5 0y 2n- 56.4 Z- 751 248.9  9.010*
6 0, 2n- 79.7 Zr- 81.4 2789 7.910*

Magnitude (dB)

180
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o

10° 10" 10 10°
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Fig. E.1: Characteristic loci of loop gain matricésy, (S) for acceleration feedback.

controller used with two-sensor control are also listed in Taébk These are
different than those in Table2 and are calculated using Ed..58 together
with the values listed in Tablg.2andg = 1.

Next, the loop shaping filteffex(S) is defined. For acceleration feedback, it
is chosen as

S+ w; (U% w3 w4

Fexd(s) = ,
& w1 Sz+2{2wzs+w§S+w35+w4

(E.1)

wherew; = 2rfj with f; = 392 Hz, f, = 425 Hz, f, = 450 Hz andf; = 1 kHz,
and/, = 0.4. This filter compensates for the first-order low-pass filter formed
by the impedance of the voice coil actuator, and it increases the ffalkie

of the controller by adding one second-order low-pass filter and twedficker
low-pass filters to it.
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Fig. E.2: Characteristic loci of loop gain matricés, r)(S) for sensor fusion.
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Fig. E.3: Characteristic loci of loop gain matricésx, r.)(s) for two-sensor control.

For sensor fusion and two-sensor control, one of the first-ordempkse-
filters in the loop shaping filtefex(S) of Eq. (E.1) is replaced by a lead filter:
S+w1 w2 (Ug S+ w4 ws

w1 S+ w2 S+ 23w3S+ w3 S+ W5 w4

I:ext( 5) =
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wherew; = 2 f; with f; = 392 Hz,f, = 1 kHz, f3 = 1.5 kHz, f4, = 70 Hz and
fs = 141 Hz, and’3 = 0.4. The lead filter is chosen such that around 100 Hz
some phase lead is obtained. In the frequency range around 100 éfalsev
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internal modes are present. The lead filter results in larger phase martjias a
crossover frequencies in this frequency range. The cross@aaudncies are
present in the characteristic loci (CL) of the corresponding loop gainiceatr
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Therefore, it is expected that the internal modes can be better damped than
without the lead filter.

Closed loop stability is checked using the generalized Nyquist criteBidn [

This can be done by plotting the CL of the corresponding loop gain matrix. The
plots of the CL for acceleration feedback, sensor fusion and twassenatrol

are shown in Fig&.1-E.3 In all plots it is observed that the phase angles of
the CL cross the-180° phase line at a frequency where the corresponding
magnitudes are smaller than 0 dB and the phase angles are all bgRiWat

the six highest crossover frequencies. Hence, closed loop stabilityamed

for all three control strategies.

Finally, the transmissibility matriX .¢(s) and deformation transmissibility
matrix Tqref(S) are calculated for each control strategy. Their diagonal en-
tries are plotted in Figsz.9 andE.5. It is observed that these figures do not
differ much from Figs7.8 and 7.9 except with a lower performance. It is
clearly visible that for acceleration feedback some peaks in the (defompatio
transmissibilities appear. These are due to a small phase margin around the
frequencies of these peaks in the CL of the corresponding loop gain matrix
For sensor fusion there are also some peaks, while for two-sendooldbiere
are no peaks. Hence, the best performance is obtained with two-semsa.



SUMMARY

Environmental disturbances such as floor vibrations, may limit the perfor-
mance of precision equipment. Therefore, the equipment is commonly moun-
ted on vibration isolators that are used to isolate the equipment from floor
vibrations. A vibration isolator can be considered as a mechanical log/-pas
filter, which provides isolation abov&2 times the suspension frequency. This
frequency is calculated as the square root of the suspendimess divided by

the mass of the suspended equipment. By tuning these mechanical parameters
the desired suspension frequency can be obtained. Most industniatioib
isolators are designed as a soft mount with a low suspensidnest to aim

for a low suspension frequency and therefore a low transmission afvleo
brations.

However, the low suspensionfétiess introduces problems with leveling of
the equipment and it increases its susceptibility to disturbance forces acting
directly on it, due to for example acoustic excitation. Both problems can be
circumvented by using active hard mounts, which provide a much higher sus
pension stiness. Its performance objectives can be formulated as: lowering
the transmissibility of floor vibrations to make it comparable to that of an ideal
active soft mount vibration isolator, increasing the damping ratios of the in-
ternal modes of the equipment, and reducing the equipment’s sensitivity for
direct disturbances. All parts required to realize the three performatjee-
tives, in fact the suspensionf$tiess, actuators and sensors, can be located in
the mount; there is no need for modification of the equipment’s design.

Several feedback control strategies for a one-axis active hardtraiua-
tion isolator are presented. It is shown that all three objectives caenetld
ized simultaneously by using either acceleration or force feedback. \‘owe
with a novel control strategy based on sensor fusion, using accefefatd-
back at low frequencies and force feedback at high frequencisgadtsible to
realize all objectives simultaneously. In addition, a two-sensor contedksfy
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is derived in which acceleration feedback is used to obtain a low transmissi-
bility and force feedback is added afterwards to increase the damping ratio
of the internal mode. All control strategies are successfully validatechon a
experimental setup of a one-axis active hard mount vibration isolator.

A demonstrator setup of a six-axes active hard mount vibration isolator is
developed. Its design is described and a novel system identification nisthod
presented that is used to obtain a state-space model describing bothéis-susp
sion dynamics and its flexible body dynamics. From the state-space model, the
reduced order mass, damping, anéfisiss matrices can be derived.

These matrices are used for designing a modal controller for the six-axes
active hard mount vibration isolator is presented, such that for eaplssisn
mode not only its resonance frequency and damping ratio but also its mode
shape can be tuned. The possibility of tuning the suspension mode shapes
provides an additional tool for designers of active vibration isolatorbtain
the desired isolation performance. It is shown how the modal controller can
be used to extend the derived control strategies from the one-axigioibra
isolator to the six-axes vibration isolator.

The control strategies using the model controller are validated on the demon-
strator setup. Due to hardware limitations, the desired performance obgctiv
are not realized to their full extent. The hardware limitations are mainly due
to a loss of collocation between the actuator and sensors, which limits the
available control bandwidth, and due to actuator and sensor noise, that limit
the RMS acceleration levels of the suspended equipment. The best isolation
performance is obtained for thetranslation, with a transmissibility close to
that of the ideal active soft mount vibration isolator. The floor acceleraiio
11.6 mms’ RMS has been reduced to 0.6 rsfmat the suspended equipment,
which is a reduction of about 25 dB. The damping ratio in closed loop is sig-
nificantly increased with respect to that in open loop. The suspensibress
is about 100 times higher as compared to the ideal active soft mount.

Further research should focus on improving the mechanical design of the
six-axes active hard mount vibration isolator, such there will be no loss of
collocation between the actuator and sensors, and on using sensor#naith u
low noise levels.



SAMENVATTING

De werking van precisie apparatuur kan worden beperkt door viliegen.
Daarom wordt zulke apparatuur meestal ondersteund door een trilbteysis
tor, die de doorgifte van deze vloertrillingen naar de ondersteundeatppa
verlaagt. Zo'n trillingsisolator kan worden beschouwd als een mechanisch
laagdoorlaatfilter, waarbij isolatie wordt verkregen bovéd maal de onder-
steuningsfrequentie. Deze frequentie kan worden berekend als il wid

de ondersteuningstijfheid gedeeld door de massa van de onderstgyade a
ratuur. Door deze massa en stijheid te kiezen, kan de gewenste ondersteu
ingsfrequentie worden verkregen. De meeste indlsttrillingsisolatoren zijn
slap ondersteund om een lage ondersteuningsfrequentie en daardagee
doorgifte van vloertrillingen te realiseren.

Echter, de slappe ondersteuning leidt tot problemen met de nivellering van
de apparatuur en het vergroot de gevoeligheid voor directe stabtkrg bij-
voorbeeld vanwege akoestische aanstoting. Beide problemen kunnéanwo
voorkomen door een actieve trillingsisolator met een stijve ondersteuning toe
te passen. De doelstellingen ervan kunnen worden geformuleerd aigerhe
lagen van de doorgifte van vloertrillingen zodat deze vergelijkbaar twoed
die van een ideale actieve trillingsisolator met een slappe ondersteuning, het
verhogen van de demping van interne trillingsvormen van de apparathet en
verkleinen van de gevoeligheid van de apparatuur voor directe stahitien.

Alle onderdelen die nodig zijn om deze drie doelstellingen te realiseren kun-
nen in de ondersteuning zelf worden geplaatst; het is niet nodig om tvegign
van de apparatuur hiervoor te veranderen.

In het proefschrift worden een aantal feedback regelstratngieor een
eenassige actieve trillingsisolator met een stijve ondersteuning gepredentee
Het wordt duidelijk gemaakt dat het niet mogelijk is alle drie doelstellingen
tegelijkertijd te realiseren door alleen versnellings- of krachtfeedbaclk-te g
bruiken. Echter, met een vernieuwende regelstrategie gebaseeshsqr-s
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fusie, waarbij laagfrequent versnellingsfeedback en hoogfreduachtfeed-
back wordt toegepast, is dit wel mogelijk. Daarnaast is een twee-sef
strategie afgeleid waarbij versnellingsfeedback wordt gebruikt omlage
doorgifte van vloertrillingen te verkrijgen en krachtfeedback om de demp-
ing van interne trillingsvormen te verhogen. Alle regelstratégieijn suc-
cesvol gevalideerd met een experimentele opstelling van een eenasisge ac
trillingsisolator met een stijve ondersteuning.

Tevens is er een demonstratieopstelling van een zesassige actieve trillings-
isolator met een stijve ondersteuning ontwikkeld. Het ontwerp ervan wordt
beschreven en er is een vernieuwende methode ontwikkeld voor derayste
identificatie van deze demonstratieopstelling en het afleiden van de massa-,
demping- en stijfheidsmatrices.

Vervolgens zijn deze matrices gebruikt voor het ontwerpen van eenlenoda
regelaar voor de zesassige trillingsisolator met een stijve ondersteuning, z
danig dat voor iedere trillingsvorm de ondersteuningfrequentie, denging
trillingsvorm zelf kunnen worden afgesteld. Dit biedt ontwerpers vdieae
trillingsisolatoren een aanvullend gereedschap om de gewenste isolstti¢ipre
te verkrijgen. De modale regelaar kan ook worden gebruikt om de reerde
afgeleide regelstrategda van de eenassige trillingsisolator uit te breiden naar
de zesassige trillingsisolator.

Deze regelstrategim zijn gevalideerd door middel van experimenten met
de demonstratieopstelling. Vanwege hardwareproblemen kunnen dagiewe
doelstellingen niet volledig worden gerealiseerd. Deze problemen zijorero
zaakt door een verlies aan collocatie tussen actuator en sensoretoovaie
beschikbare bandbreedte van de regelaar beperkt is, en dodoactmsen-
sorruis, waardoor de RMS versnellingsniveaus van de onderseypératuur
worden beperkt. De beste isolatieprestatie is verkregen voprdmplaatsing,
met een doorgifte van vloertrillingen die in de buurt komt van die van een ide-
ale actieve trillingsisolator met een slappe ondersteuning. De vloerversnellin
gen van 11.6 myis> RMS zijn gereduceerd tot 0.6 migi op de ondersteunde
apparatuur, wat een reductie van 25 dB betekent. De demping van deinter
trillingsvormen in gesloten lus is aanzienlijk hoger dan die in open lus. De
ondersteuningsstijfheid is ongeveer 100 keer hoger in vergelijking meadie
een slap ondersteunde trillingsisolator.

Verder onderzoek zou zich moeten richten op het verbeteren van bht me
anisch ontwerp van de zesassige trillingsisolator met een stijve ondergteunin
zodanig dat het verlies aan collocatie tussen de actuator en senspeghtbe
wordt, en op het gebruik van sensoren met een ultra-laag ruisniveau.
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